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The electric vehicle market is currently in exponential growth, and drive range on a 
single charge is one of the most highly valued specs. Passenger thermal comfort, 
especially heating in cold weather, is usually the largest auxiliary onboard energy user, 
and can significantly reduce the EV drive range. Heat pumps dramatically reduce the 
energy consumption for the same heating capacity, hence improves drive range largely. 
More and more EV manufacturers are adopting heat pump systems for cabin comfort 
heating. 
A mobile heat pump system using the most widely adopted architecture and the 
same heat exchangers from the first commercially available production EV heat pump 
was built in the lab. Performance characteristics of this system was experimentally 
studied using low pressure refrigerants R134a and R1234yf. Severe heating capacity 
drop was noticed at extremely low ambient temperature, mainly due to low operating 
pressure in the outdoor evaporator. Decreasing suction density along with dropping 
evaporating temperature and suction pressure led to much lower refrigerant mass flow 
rate with maximum compressor speed. At extremely low ambient temperature, as 
suction pressure approached atmospheric pressure, the compressor speed had to be 
lowered to prevent vacuum inside the system, and heating capacity was further limited 
when it was most needed.  
Based on the experimental data, a system model was developed and validated. 
Refrigerant maldistribution in the outdoor heat exchanger in heating mode was 
modeled with a given liquid refrigerant flow rate distribution profile. Without 
considering maldistribution, the outdoor heat exchanger capacity in heating mode was 
overestimated by an average of 17%. By including maldistribution degradation, the 
model agreed with measurements within ±20% on component level, and when 
integrated into the system model, both heating capacity and HPF matched experimental 
measurement within ±10%. Through analysis using the system model, the increasingly 
high sensitivity of saturation temperature to pressure at lower evaporating pressure 
caused large temperature glide in the outdoor heat exchanger, and significantly reduced 
the air-to-refrigerant temperature difference that drove heat transfer. While by 
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assuming uniform refrigerant two phase distribution rather than maldistribution in the 
outdoor heat exchanger, higher compressor speed could be allowed, and heating 
capacity at -20 C̊ can be increased by 19%. 
The necessary refrigerant charge amount in both cooling and heating modes was 
experimentally investigated, and refrigerant and oil mass distribution among the 
components were measured using quick close valve method in both modes. A large 
refrigerant charge imbalance was found when switching between heating and cooling 
modes, with cooling mode needing more refrigerant for the heat exchangers. The 
refrigerant charge imbalance from all the three heat exchangers was about the same 
amount as the outdoor heat exchanger charge retention change when it’s switched from 
a condenser to an evaporator. Large charge imbalance not only required an accumulator 
that’s large enough for storing the excess refrigerant mass, but also resulted in oil 
trapping in the accumulator. Storing excess refrigerant at a lower vapor quality location 
can dramatically reduce oil trapping. Refrigerant mass distribution inside the heat 
exchangers were studied by combining the system performance model and a void 
fraction correlation. A reversible outdoor heat exchanger with integrated 
receiver/separator design was examined using the model. By bringing part of the 
outdoor heat exchanger into low vapor quality, and reversing its flow direction when 
switching modes, refrigerant mass retention change was largely reduced. Moreover, 
the integrated separator/receiver served as a low vapor quality charge storage device 
that won’t result in oil trapping. 
In order to increase heating capacity at low ambient temperature while still using 
current low pressure refrigerants, the intermediate vapor bypass concept was proposed 
to reduce pressure drop and to improve refrigerant two phase distribution in the 
downstream pass of the outdoor heat exchanger. The proof-of-concept modified 
outdoor heat exchanger helped increase the heating capacity at -20 ̊C from 2.48 kW to 
3.36 kW using R1234yf. A prototype of a fully reversible outdoor heat exchanger, 
which worked as an intermediate vapor bypass evaporator in heating mode, and as an 
integrated receiver subcooler condenser in cooling mode, was made, and demonstrated 
working as intended in both modes. Besides dramatically improving the extremely low 
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ambient temperature heating capacity, using the intermediate separator/receiver as a 
charge storage device allowed excess refrigerant charge storage without sacrificing 
system performance or trapping large quantity of oil in the refrigerant liquid. 
The outdoor heat exchanger for current mobile heat pump systems work as a 
condenser in cooling mode, and as an evaporator in heating mode. Heat transfer 
coefficient and pressure gradient increase with refrigerant mass flux during both 
evaporation and condensation. Pressure drop affects the heat exchanger heat transfer 
capacity through change of refrigerant saturation temperature, and the temperature 
difference between refrigerant and air. Because of the higher sensitivity to pressure 
drop, working as an evaporator favored a much larger channel diameter than that of the 
same heat exchanger working as a condenser. When designing the heat exchanger for 
one mode, significant sacrifice of performance in the other mode was inevitable. Size 
of microchannel diameter, as well as pass circuitry of the outdoor heat exchanger to 
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CHAPTER 1: REVIEW OF WORK ON HEAT PUMPS FOR ELECTRIC VEHICLE 
1.1 Introduction 
During the past decade, electric vehicle (EV) market is seeing exponential growth, although 
overall penetration into the passenger vehicle market is still relatively slow. Among all the 
challenges in this young and vibrant market, “range anxiety” is one of the top reasons deterring 
customers from making the transition from internal combustion engine (ICE) vehicles to EV’s. 
A large part of this “range anxiety” comes from the fear of drive range reduction in cold weather. 
According to fleet data from FleetCarma (Allen 2013), the best drive range of Nissan Leaf EV’s 
dropped about 50% when temperature dropped from 20 ̊C to -25 ̊C, and the average drive range 
dropped about 40% for the same temperature change. The primary cause of drive range 
reduction in cold weather comes from cabin comfort heating (Neubauer and Wood 2014). A 
majority of current EV’s on the market use positive temperature coefficient (PTC) electric 
heaters for providing heat to the cabin through Joule’s effect. Although PTC heaters have 100% 
first law efficiency, their second law efficiency is very low by converting high grade electrical 
energy directly into low exergy thermal energy. 
Heat pump is an energy efficient alternative of providing thermal energy to the cabin. With 
moderate modification to the air conditioning system that’s already needed for EV’s, heat 
pumping function can be achieved. By running the compressor, thermal energy from the 
surrounding ambient air and other heat source onboard the vehicle can be collected for cabin 
heating, hence reducing battery electricity consumption for the same amount of heat supplied 
to the cabin. Together with the booming EV market, heat pump technology has been adopted 
by an increasing number of EV models, and even expanded to PHEV’s.  
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This chapter demonstrates the emerging need for mobile heat pump systems from the EV 
market, and presents the latest development of heat pump technology, as well as their limitations, 
and future research directions. 
1.2 Electric Vehicle Overview 
The first generation of EV’s debuted at late 19th century with the maturation and industrial 
scale production of lead-acid battery (Wikipedia 2018), and were well-received by the market 
until about 1918, when gasoline powered ICE cars started to show advantages in drive range, 
power, and total ownership cost (Chan 1993). For the following half a century, passenger EV’s 
have seen little development. The second generation of EV’s emerged in the 1980s, when the 
gasoline price surged during the oil crisis and public concerns of air pollution in congested city 
areas increased. However, the limitations on battery cost, as well as energy and power density 
hadn’t been improved enough by that time, and automakers withdrew almost all the EV 
programs by the beginning of 21st century. While battery electric vehicle (BEV) development 
was slowing down, automakers devoted a lot of resources onto hybrid electric vehicles (HEV) 
in order to meet stricter emission regulations. After the turn of the century, development of 
portable electronics brought along tremendous advance in battery technologies. The increasing 
energy and power density and decreasing cost of lithium-ion based batteries, together with the 
global growth of environmental impact awareness, are powering the booming development of 
a third generation of EV’s. 
In today’s market, a wide range of highway-capable EV models are competing with gasoline 
powered ICE cars. Modern EV’s based on innovative electrified platforms generally have good 
drive range, relatively fast charging speed, and superior acceleration performance compared to 
ICE cars in similar price ranges. While purchasing prices are still relatively high, total 
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ownership costs are becoming quite competitive with ICE cars, not only because of widely 
deployed and generous government incentives, but also due to much lower cost for fueling and 
much less required maintenances. There are also a large number of EV models derived from 
ICE platforms that typically have smaller battery packs and shorter drive range, but usually 
come with a relatively lower price tag and are suitable for daily commute. Plug-in hybrid 
electric vehicles (PHEV) are usually recognized as a member of the EV family, especially when 
it comes to government tax credits and subsidies, and have been introduced by many legacy 
automakers. Relying on a small rechargeable battery pack, they can provide a short electric 
drive range suitable for short distance commute and frequent stop city traffic, while an onboard 
internal combustion engine guarantees sufficient drive range for extended trips. 
Sales of EV’s, including PHEV, has soared over the past decade, both in the US and in the 
world. Figure 1.1(a) shows the US and global EV sales data compiled from insideevs.com 
(2018). In 2018, there were over 1.7 million EV’s being sold globally, with about 360,000 in 
the US, and roughly half of the total sales in China. The highest market penetration of EV was 
seen in Norway, with 2017 new car EV market share reaching 39% (International Energy 
Agency 2018). Driven by government emission policies and tax incentives, major automakers 
have initialized ambitious plans in electrification of their fleets. Predictions of future EV market 
growth vary largely, but it is widely believed that the rapid growth will continue. Figure 1.1(b) 
shows an EV sales volume prediction for the US market from EVAdoption.com (2018). They 




(a). EV sales in the US and in the world (data from insideevs.com, last accessed 1/4/2019) 
 
(b). Projected EV sales in the US market (data from evadoption.com, last accessed 1/4/2019) 
Figure 1.1. EV sales in US and world market 
Despite the rapid growth of total EV sales, market appreciation of different models differs 
dramatically, and one key factor for the differences is drive range on a single charge. BEV’s 
have gradually branched into two groups: longer range models capable of driving 200 miles 
(320 km) or more (based on EPA drive cycle estimation), and shorter range models with drive 
range in the vicinity of 100 miles (160 km). Figure 1.2 shows the US sales number of 2017 
bestselling battery EV’s ranked by EPA rated drive range for their longest range sub-model. All 
the longer range EV’s have booked sales of over 20,000 except for Tesla Model 3, which didn’t 
enter market until July 2017 and experienced a painfully slow initial production ramp. However, 
this model received 325,000 reservations within the first week of unveiling in 2016, and later 
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became 4th US bestselling passenger cars including ICE cars in September 2018 (Mathews 
2018). In comparison, in the shorter range group, there was only one EV model that exceeded 
10,000 units in sales. 
Drive range of battery EV is determined by battery size and energy efficiency of the car. 
Currently, costs of production EV battery packs have lowered to about $200 per kWh, while 
they are expected to fall between $125 and $150 in order to make EV purchase price comparable 
to gasoline-powered vehicle (Union of Concerned Scientists 2018). On the other hand, much 
lower energy density of battery packs compared to gasoline has led to a significant weight 
increase for electric cars. The highest production EV battery pack energy density as of today 
was reported by Jack Richard and EVTV Motor Verks based on a partial teardown of a Tesla 
Model 3 (Alvarez 2018), which stores 168 Wh of electricity per kilogram of mass. In 
comparison, regular gasoline has energy density of about 12500 Wh/kg (Golnik 2003), two 
orders of magnitude greater than the best battery pack in production today. The high cost and 
low energy density make increasing battery size much more difficult than increasing the volume 
of a gas tank. As a result, higher energy efficiency of the vehicle becomes crucial for the success 
of any EV program. Modern power electronics, electric traction motor, and extremely simplified 
EV transmission all have efficiencies over 90%, together with highly efficient energy recovery 
from regenerative braking, the gross battery to wheel efficiency for EV’s are generally in the 
range of 72~97% (Kalsson and Kushnir 2013). While cabin climate control is usually the largest 
auxiliary energy consumption contributor even for gasoline cars, the extremely efficient electric 
drivetrain makes the portion of battery stored energy consumed by cabin thermal conditioning 
even bigger. As a result, EV drive range gets highly sensitive to the efficiency of cabin climate 
control system. Another impact from the high efficiency drivetrain is dramatically reduced 
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waste heat generation, hence cabin heating can only be achieved by actively consuming battery 
electricity. According to FleetCarma (Allen 2013), the Nissan Leaf fleet achieved their best 
average drive range of 76 miles (122 km) at 20 ̊C ambient, and this range dropped about 24% 
at 35 ̊C, while dropped 40% when ambient reached -25 ̊C. 
 
Figure 1.2. Sales and drive range of 2017 US best selling EV models 
1.3 EV Cabin Climate Control Energy Consumption Reduction  
The high sensitivity of EV sales to drive range and that of drive range to cabin climate control 
system energy efficiency have encouraged a lot of research on advanced cabin climate control 
technologies, mainly in two categories: load reduction, and efficient cooling/heating system. 
In recent years, remote start and cabin preconditioning have been gaining popularity in ICE 
cars, first as an aftermarket accessory, and later more widely adopted as a factory installed 
feature (Proefke and Biondo 2011). While dramatically improving thermal comfort when 
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entering a hot/cold soaked car, preconditioning by remotely starting the engine can result in 
engine exhaust infiltration into the cabin and accumulation in the neighboring enclosure. For 
EV’s and PHEV’s with an electrified climate control system, preconditioning can be more 
conveniently and safely implemented. Preconditioning while plugged in to the grid is not only 
a way for improving passenger thermal comfort, but also a load reduction strategy by 
transferring the often large transient thermal conditioning load to off-board power source, and 
hence extends drivable range and reduces battery wear. A study by researchers from National 
Renewable Energy Laboratory (NREL) has estimated up to 19% charge depleting drive range 
increase by implementing preconditioning using grid electricity (Barnitt, et al. 2010). 
Instead of transferring cabin thermal conditioning load to the grid, many other on-board load 
reduction strategies have been studied in the literature. Solar powered vehicle ventilating system 
(Cantrell 1987) is an effective way to reduce cabin temperature when parked in direct solar 
radiation, hence reducing pull-down cooling load in a hot summer day. This technology was 
introduced by Toyota to their 2010 Prius (Toyota USA 2010). Nonetheless, in winter, when 
higher cabin temperature is desired, parked ventilation does not add any benefit. In fact, the 
ventilation needed during driving in order to maintain high cabin air quality and low relative 
humidity such that windshield does not get blurred by fog can account for more than 60% of 
the heating load in winter (Shikata, et al. 1999). Shikata and his colleagues presented a “two 
layer flow HVAC unit” which sends low humidity fresh intake air to the windshield and warm 
recirculated air to the foot vent, hence capable of cutting ventilation loss by half. Similar to this 
concept, zonal heating/cooling sends conditioned air only to where it is most needed, hence 
reducing the heating/cooling load while providing the same thermal comfort satisfaction. 
Researchers from NREL demonstrated range improvement of 6~15% by zonal cooling (Jeffers, 
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et al. 2015), and 7~19% by zonal heating (Jeffers, et al. 2016). They also looked into different 
ways of reducing solar load, especially when parked in direct sunlight. Solar reflective glazing 
was found to help reduce cabin soak temperature by 5.3 ̊C, and 0.74 kWh of energy saving can 
be expected for a 20 min cool-down. Nevertheless, while shading and solar reflective glazing 
help reducing summer cooling load, the radiation gain is desired in winter. Reducing vehicle 
body and glass thermal conductivity is another way to reduce thermal conditioning load by 
cutting conduction loss. Researchers demonstrated 5% range extension for a sample EV in JC08 
cycle by an 80% body conductivity reduction (Ozeki, et al. 2016). Ozeki and his coworkers also 
noted that reducing glass thermal conductivity had little effect on cruising distance. However, 
by combining better windshield insulation with anti-fog control, winter ventilation load can be 
greatly reduced. They showed that with reduction of glass conductivity by 90%, such as double 
glazing, together with anti-fog control, cruising range can be extended by 20%. 
Besides reducing thermal conditioning load, improving the efficiency of the passenger 
compartment cooling/heating system is crucial in reducing on-board energy consumption and 
extending drive range. Mobile air conditioning (MAC) system has been adopted since 1933 
(Wikipedia), and is now a standard feature for almost all passenger cars, which are mostly 
powered by ICE engines. Efficiencies of MAC systems have been dramatically improved over 
the decades of research and development. Microchannel heat exchangers (MCHX) with ~1 mm 
hydraulic diameter extruded aluminum multichannel tubes and louver fins were introduced in 
MAC systems about 30 years ago, and are now dominating the auto industry thanks to its large 
potential for volume, weight and cost reduction, as well as significant improvement of system 
coefficient of performance (COP) (Qi, et al. 2010). Over the years, MCHX has been extensively 
studied, a lot of optimization on refrigerant circuitry and air side fin designs have been 
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conducted, and various simulation models have been developed. One particular MCHX design 
is the integrated receiver/dryer subcooler condenser (Matsuo, et al. 1996). This design 
incorporates a high pressure liquid receiver before the final pass of the condenser, making the 
final pass effectively a subcooler when using a thermostatic expansion valve (TXV) as the 
throttling device. The existence of a receiver and designated subcooler ensures some refrigerant 
subcooling before the expansion device, and some subcooling is beneficial for system COP 
(Pottker and Hrnjak 2012). By pushing condenser outlet subcooling higher, larger refrigeration 
effect in the evaporator can be achieved with some increase of specific compression work 
depending on the magnitude of subcooling, and system COP can be maximized usually at a 
moderate subcooling level. By sizing the subcooler pass appropriately, good COP can be 
expected for most operating conditions. Nowadays, most modern MAC systems are using 
integrated receiver/dryer subcooler condenser. 
While MAC heat exchangers have moved a long way toward high effectiveness, compact, 
and low cost MCHX, compressor technology has also improved a lot driven by better fuel 
economy demands. Conventional MAC compressors are driven by the engine via a belt, hence 
spin at a fixed speed ratio with the engine. Early systems rely on a clutch to engage and 
disengage the compressor for on/off cooling capacity control. Later on, variable displacement 
compressors were developed, which enabled continuous cooling for better comfort, while 
having higher energy efficiency at the same time. Nadamoto and Kubota (1999) demonstrated 
an average of 30% less energy consumption for the same cooling performance by using a swash 
plate variable displacement compressor compared to a fixed compressor with the same size. 
More recently, development of electrified vehicles (EV/HEV/PHEV/FCEV) and start-stop 
systems are making electrically driven hermetic compressors increasingly popular. Cooling 
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capacity can be conveniently controlled by varying compressor speed through an inverter. By 
replacing the engine shaft-belt-pulley-clutch with inverter-internal electric motor, the 
mechanical loss on the compressor powertrain can be reduced. Zulkifli, et al. (2015) reported 
5~14% of fuel savings by using an electrically driven compressor compared to a belt-driven 
one. By improving compressor structure, inverter electronics, speed control mechanism, and 
scroll geometry, researchers demonstrated up to 10% energy efficiency improvement of an 
electric scroll compressor while achieving significant weight and volume reductions (Makino, 
et al. 2003, Yogo, et al. 2017). 
In addition to component design improvement, various modifications on the vapor 
compressor cycle on a system level have been proven effective in energy efficiency 
enhancement. Internal heat exchanger (IHX), also referred to as liquid line/suction line heat 
exchanger has been widely used in commercial refrigeration and household refrigerators, and 
can help increase COP and volumetric capacity for vapor compression cycles that use poor 
performing fluids (Domanski, et al. 1992). Drop-in transition from R134a to R1234yf usually 
results in decrease of cooling capacity and COP mostly due to the smaller latent heat of 
vaporization of the latter fluid. Researchers measured up to 7% cooling capacity and 4.5% COP 
drops when using R1234yf in a system originally designed with R134a, while by adding an 
IHX, these drops were lowered to 1.8% and 2.9%, respectively (Cho, et al. 2013). For a CO2 
system however, up to 25% COP improvement was achieved with IHX (Boewe, et al. 2001). 
Many researchers looked into ejectors for partly recovering expansion work and reducing 
throttling losses. For lower pressure fluid like R134a and R1234yf, at the most favorable 
condition, an ejector cycle was able to improve the COP of a MAC system by up to 10% 
compared to a conventional cycle (Lawrence and Elbel 2012). Larger potential for work 
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recovery and COP improvement can be expected for higher pressure fluids. By comparing a 
two-phase ejector cycle with a conventional expansion valve cycle for a transcritical CO2 
system, 8% COP and 7% cooling capacity were obtained (Elbel and Hrnjak 2008). When 
matching capacity, 15% higher COP was achieved by using an ejector (Lee, et al. 2011). Flash 
gas bypass (FGB) improves system performance by enhancing evaporator performance (Tuo 
and Hrnjak 2012). As shown in Figure 1.3, flash gas after the expansion valve is sent back to 
compressor suction, while only liquid gets into the evaporator for evaporation. Elbel and Hrnjak 
(2004) showed that FGB helped to increase cooling capacity by 9% while improving COP by 
7% at the same time for a R744 air conditioning system. Tuo and Hrnjak (2012) showed 13~18% 
cooling capacity increase together with 4~7% COP improvement using FGB for a MAC system 
using R134a, and COP improvement of 37-58% were achieved by adjusting compressor speed 
to match cooling capacity of the direct expansion (DX) baseline. Both studies attributed the 
improvement to more uniform refrigerant distribution and lower pressure drop in the 
microchannel evaporator. 
 
Figure 1.3. Flash gas bypass system (Tuo and Hrnjak 2012) 
When making the transition from ICE cars to electrically driven vehicles, the advances from 
conventional MAC system development can be inherited for EV cabin cooling in summer. 
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However, for heating in winter, without abundant waste heat from the ICE engine, cabin heating 
has to be powered by battery stored electricity. The easiest-to-implement way is to use a positive 
temperature coefficient (PTC) electric heater, which converts electric energy to heat through 
Joule’s effect. PTC heaters can consume a significant portion of electricity at low ambient 
temperature conditions, and cause severe drive range reduction. Figure 1.4 shows that the best 
real-world drive range of Nissan Leaf EV dropped almost 50% when ambient temperature 
reached -25 ̊C, compared to less than 15% drop at 35 C̊. Despite the 100% first-law efficiencies 
of PTC heaters, their second-law efficiency, or exergy efficiency, are very low, due to the fact 
that they directly convert high grade electrical energy into low grade heat. In comparison, a heat 
pump system collects heat from the surrounding air, and heats the cabin by consuming only a 
fraction of electrical energy. With much higher second-law efficiency, the electrical energy 
consumption for the same heating need can be largely reduced, and hence improving drive range 
at cold ambient. Moreover, with the same working principle as any typical MAC system, heat 
pumping function can be realized by modifying the existing MAC system without significantly 
increasing the equipment cost. Starting from 2012, several production EV models have adopted 
heat pump technology for cabin heating, including but not limited to Nissan Leaf, Renault Zoe, 
BMW i3, KIA Soul, VW e-Golf, and Toyota Prius Prime, most of which have claimed 20~30% 




Figure 1.4 Nissan Leaf EV fleet range at different ambient temperature (Allen 2013) 
1.4 Development and Challenges of Mobile Heat Pump Systems 
Development of heat pump for EV’s dates back to 1996 (Suzuki and Ishii 1996), when a 
three heat exchanger configuration was designed and tested by Denso, as shown in Figure 1.5. 
They achieved 2.3 kW of heating capacity by consuming 1.0 kW of electricity at -10 ̊C ambient 
using R134a as the refrigerant. This architecture was modified from a conventional MAC 
system that’s using an electric expansion valve (EEV) as throttling device and an accumulator 
as refrigerant charge storage device. An extra interior condenser was added as a parallel branch 
of the outdoor heat exchanger after the refrigerant discharge line. In cooling mode, the interior 
condenser was bypassed by switching a three-way valve toward the outdoor heat exchanger, 
and the rest of the system worked in the same way as a conventional MAC system. When 
changing to heating mode, the three-way valve was switched toward the interior condenser. By 
opening a solenoid on/off valve, the indoor evaporator was bypassed, and the outdoor heat 
exchanger was switched from working as a condenser to an evaporator. This architecture 
enabled dehumidification of air for windshield defogging by running both indoor heat 
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exchangers to first cool and then heat air. Using different heat exchangers dedicated for cooling 
and heating also prevents flash fogging on the windshield due to rapid evaporation of 
condensate water when switching from cooling mode to heating mode. This idea of using two 
separate indoor heat exchangers later become prevalent in mobile heat pump designs. 
 
Figure 1.5. Three heat exchanger heat pump configuration (Suzuki and Ishii 1996) 
Figure 1.6 shows a later development of the two indoor heat exchanger design from Denso 
(Hunemorder, el al. 2003). An IHX was added for improving cooling mode efficiency using 
CO2 as refrigerant, and the interior gas cooler was added to the discharge line before the outdoor 
heat exchangers, and was switched on/off by an air side flap door. This configuration excluding 
the IHX was later adopted on Nissan Leaf EV with R134a/R1234yf as refrigerant. Very similar 
architecture has been studied by researchers from Valeo, as shown in Figure 1.7 (Benouali, et 
al. 2012). In cooling mode, instead of letting discharge refrigerant vapor running through the 
cabin condenser while air flow was bypassed, this system bypassed refrigerant flow through the 
cabin condenser as well. Potential benefit would be less discharge line pressure drop in cooling 
mode, and hence higher COP, as well as negligible heat leak to the conditioned air stream in 
cooling mode. They also studied a partially indirect system by changing the cabin condenser to 
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a liquid cooled condenser and a conventional cabin heater core. Both options delivered about 
2.7 kW of heating capacity at -18 ̊C ambient, while the direct system had a COP of 2.35, higher 
than the indirect system at 2.03 by 16%. 
 
Figure 1.6. Denso 2003 CO2 heat pump (Hunemorder, et al. 2003) 
 
Figure 1.7. Valeo direct and indirect heat pump system (Benouali, et al. 2012) 
The Valeo team also presented a modular heat pump design with indirect coolant loops for 
both indoor cooling and heating, both loops exchanged heat with the refrigerant loop via 
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refrigerant-to-coolant heat exchangers, while outdoor heat exchanger remained a direct 
refrigerant-to-air heat exchanger. By transferring the cabin heating/cooling load to the two 
coolant-to-air heat exchangers, the entire refrigerant loop was moved outside the passenger 
compartment beyond the firewall into the front end of the vehicle. With much less risk of 
passenger exposure to hazardous refrigerants, less safe but potential better performing and more 
environmentally friendly refrigerants can be used, like higher pressure CO2, flammable R152a, 
etc. By using CO2 as refrigerant, the Valeo team achieved 3.5 kW of heating capacity at -18 ̊C, 
compared to 2.7 kW using R1234yf. When indoor air flow rate was increased from 250 to 450 
kg/hr, the heating capacity was further increased to 4.7 kW. 
 
Figure 1.8. Valeo modular heat pump with CO2 (Benouali, et al. 2012) 
While moving the entire refrigerant loop out of the passenger compartment enables use of 
potentially hazardous refrigerants, completely isolating refrigerant loop from air allows for a 
fully hermetic system design. The unitary heat pump air conditioning (HPAC) system shown in 
Figure 1.9 was developed by researchers from Delphi (Kowsky, et al. 2012). The refrigerant 
loop consists of the four basic components of a vapor compression cycle: a compressor, a 
condenser, an expansion valve, and an evaporator. Two coolant loops exchange heat with the 
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hot condenser and cold evaporator, and distribute the heating/cooling effects either to onboard 
end users or exchange with ambient air. The isolated and extremly simplified refrigerant loop 
not only allows use of a wider range of refrigerants, but also makes vapor compression cycle 
optimization much easier, making it possible to match energy efficiency of a typical direct 
system that usually has less thermal resistance between air and refrigerant. At the same time, 
since the coolant for distributing heating/cooling effects is in single phase, there is much better 
flexibility for thermal management of much more complicated end user combinations, i.e., 
battery cooling/heating, powertrain cooling, engine cooling for HEV’s, waste heat recovery, etc. 
Figure 1.10 shows an example integrated thermal management system design from Delphi. 
 
Figure 1.9. Delphi unitary HPAC system (Kowsky, et al. 2012) 
 
Figure 1.10. Delphi unitary HPAC integrated thermal management system (Kowsky, et al. 2012) 
18 
 
Beside the different strategies for refrigerant and coolant loops integration, selection of the 
best refrigerant for mobile vapor compression cycle heat pumps has been widely studied in the 
literature, especially under the global regulatory push for lower global warming potential 
(GWP). The currently dominating automotive refrigerant R134a has high GWP (1430), and low 
operating pressure. Mainstream auto industry is making a transition to R1234yf for its lower 
GWP (4) and for convenient drop-in replacement from current R134a systems. It is also the 
most widely adopted fluid for mobile heat pump systems. However, with only marginally higher 
operating pressure than R134a, significant loss of heating capacity at low ambient temperature 
is still expected. 
Table 1.1 shows a list of heat pump systems tested in the literature with different refrigerants, 
with a focus on the maximum heating capacity at the lowest tested ambient temperature, and 
also shown in Figure 1.11. With GWP equal to 1, CO2 received a lot of attention for mobile 
heat pump applications. Thanks to its higher operating pressure, CO2 heat pump systems are 
much less vulnerable to lower ambient temperature operation. The CO2 systems in Table 1.1 
(Giannavola, et al. 2000, Hunemorder, et al. 2003, Benouali, et al. 2012) were tested down to -
20 C̊ and achieved 3.8~5.0 kW of heating capacity. In comparison, R134a systems were mostly 
tested only to -10 C̊ with maximum 4.0 kW of heating capacity, and only one was tested at -
15 C̊ delivering 3.2 kW. Several systems using R1234yf (Wawzyniak 2011, Benouali, et al. 
2012) were experimented at about -20 ̊C, whereas their heating capacities were limited to less 
than 3 kW. Although CO2 systems benefit from higher operating pressure, their usually worse 
cooling performance at higher ambient temperature conditions and higher components cost 
currently are limiting their wide adoption in the auto industry. Some researchers looked into 
refrigerant mixture blends with higher working pressure while not too high to dramatically drive 
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up components cost. The heat pump system tested in Creative Thermal Solutions (CTS) using 
a wide glide blend (WGB) achieved 3.6 kW of heating capacity at -20 C̊ (Musser, Miller-Gaines 
and Hrnjak 2012). However, while the condensing temperature glide of WGB was beneficial 
for heating mode operation when a large air temperature lift was desired, the cooling mode COP 
was reported to be considerably lower than that of R134a, especially at lower load conditions. 
While the search is still on for the best refrigerant that enables high heating capacity in winter, 
high efficiency in summer, and is environmentally friendly, safe, and cost effective, the majority 
of automotive original equipment manufacturers (OEM) are selecting R1234yf as their next-
generation fluid (CPS Products 2018), and another handful of OEM’s are slowly rolling out 
CO2 MAC systems on a few models (Atiyeh 2015, McLaughlin 2018). 
 






Table 1.1. Heat pump maximum heating capacity at lowest tested ambient temperature 
System Type Ref Tamb,min Load Qmax HPF 
- - - ̊C kW kW - 
Suzuki and Ishii 1996, Denso DX R134a -10 5.5 2.3 2.3 
Giannavola, et al. 2000, ACRC DX CO
2
 -10 - 3.8 3.5 
Hunemorder, et al. 2003* DX CO
2
 -20 - 5.0 - 
Antonijevic and Keckt 2004, Visteon DX R134a -11 - 1.9 - 
Wawzyniak 2011, Behr 
DX R134a -10 3.6 3.7 2.2 
DX R1234yf -20 4.7 2.9 2 
Hybrid R1234yf -20 4.7 2.8 2 
Kowsky, et al. 2012, Delphi SL R134a -10 6.5 4 2.3 
Benouali, et al. 2012, Valeo 
DX R1234yf -18 - 2.7 2.35 
Hybrid R1234yf -18 - 2.7 2.03 
Hybrid CO
2
 -18 - 4.7 2.35 
Musser, et al. 2012, CTS 
DX R134a -15 - 3.2 1.85 
DX WGB -20 - 3.6 1.75 
* no details of the tests were found. System designed for fuel cell hybrid vehicle (FCHV) 
 
While the move toward higher pressure refrigerant is going slow, improving low ambient 
temperature heating capability with current low pressure fluid R134a/R1234yf can have 
significant impact in the industry for decades to come. There are, however, very limited options 
in the literature for improvement at low ambient temperature when using low pressure fluids. 
Gas injection heat pump system for mobile application was first developed by Suzuki, et al. 
(1997). By optimizing the intermediate injection pressure, combined with a two-way-flow unit 
for heating load reduction, they extended the heat pump operating ambient temperature to -20 ̊C. 
In 2017, Higuchi, et al. presented the 2017 Toyota Prius Prime heat pump system using vapor 
injection in heating mode. The system used a very compact liquid-vapor separator integrated 
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with two stage throttling and a bypass valve for switching between cooling and heating mode, 
as shown in Figure 1.12. They reported 26% heating capacity increase at -10 C̊ ambient. 
  
             (a). Gas injection cycle in Heating mode                          (b). Gas-liquid separator 
Figure 1.12. Gas injection heat pump (Higuchi, et al. 2017) 
1.5 Objectives of This Dissertation 
Throughout the previous studies in the literature, the biggest challenge for mobile heat 
pumps appeared to be insufficient heating capacity at extremely low ambient temperature when 
using current low pressure refrigerants. The current research aims to investigate the 
performance characteristics of state-of-the-art mobile heat pump systems, identify the key 
challenges, especially the limiting factors at low ambient temperature conditions using current 




CHAPTER 2: PERFORMANCE CHARACTERISTICS OF A MOBILE HEAT PUMP 
SYSTEM USING R134A AND R1234YF REFRIGERANTS 
2.1 System Architecture and Experimental Facility 
Domestic reversible air conditioners, i.e., air source heat pumps started to get popular in the 
1950s (Staffell, et al. 2012). Over decades of development, these systems are using more 
environmentally-friendly refrigerants, getting higher energy efficiency, and better temperature 
control accuracy. However, the basic architecture of these systems stays the same: in cooling 
mode, the outdoor heat exchanger dissipates heat to ambient and the indoor heat exchanger 
cools indoor air, while in heating mode, by switching a four-way valve to reverse the flow 
direction in the system, the outdoor heat exchanger collects heat from ambient and the indoor 
heat exchanger heats indoor air. An example reversible heat pump system is shown in Figure 
2.1. The residential reversible air conditioner/heat pump architecture was brought into vehicle 
climate control in some early studies and proof-of-concept investigations (Pomme 1997, 
Giannavola, et al. 2000). However, switching the indoor heat exchanger from an evaporator 
into a condenser can result in flash fogging on the windshield, as condensate water accumulated 
on the indoor heat exchanger surface during cooling mode operation may rapidly evaporate and 
enter the passenger compartment when the system is switched into heating mode. Most mobile 
heat pump designs put two separate heat exchangers for cabin thermal conditioning, one only 
works for cooling as an evaporator, and the other one dedicated for heating as an inner 
condenser. This design also allows for continuous and energy-efficient dehumidification 
without the need of a separate heater core or electric heater. Nowadays, mobile heat pumps 




Figure 2.1. A multi-split reversible heat pump system (Aynur 2010) 
The system architecture presented in this chapter came from the production 2013 Nissan 
Leaf EV heat pump system (TechTalk 2013), and was established as the state-of-the-art baseline 
for the rest of the dissertation. All three microchannel type heat exchangers were the OEM 
components of the 2013 Nissan Leaf, and were connected in the same way, as shown in Figure 
2.2. Photographs of major components are shown in Figure 2.3, and details of the heat 
exchanger dimensions are given in Table 2.1. The outdoor heat exchanger had two flow passes, 
with about 40% of the microchannel tubes in the smaller pass and 60% in the larger pass. In 
both operating modes, refrigerant entered from the smaller pass and exited from the larger pass. 
The indoor evaporator had a total of four passes arranged in two slabs in a counter-cross flow 
configuration. The inner condenser had two single pass slabs in counter-cross flow with air. 
Beside the OEM heat exchangers, a belt-driven swash plate piston compressor was installed 
instead of the OEM’s hermetic electric scroll compressor due to limited lab resources. The 
maximum compressor speed was set at 2000 min-1 to give a similar volumetric capacity as 
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needed for a compact car. A transparent accumulator was used to monitor the variation of 
system active refrigerant charge that’s circulating instead of staying inside the accumulator. 
Two electronic expansion valves (EEV) were used as throttling devices, and enabled 
investigation of the effect of expansion valve opening sizing and condenser outlet subcooling 
on system performance. A manual three-way valve and a manual on/off ball valve were 
connected in the refrigerant loop for switching operating modes. An air side flap door was made 
and installed in the wind tunnel to enable/bypass the inner condenser. As shown in Figure 2.2, 
in cooling mode, the inner condenser was bypassed from air side by closing the flap door, and 
the rest of the system worked as any other MAC orifice/EEV-accumulator system. Turning into 
heating mode, the flap door was opened and pushed all air flow through the inner condenser, 
the bypass on/off valve was turned off to force refrigerant flow through the outdoor EEV, with 
the three-way valve switched toward the accumulator, the outdoor heat exchanger was switched 
to the low pressure side, and worked as an evaporator. In the meantime, the indoor evaporator 
was bypassed from refrigerant side. For continuous dehumidification, the system can be 
operated in cooling mode with the flap door partially opened to reheat the cooled air. 
  
(a). Cooling mode                                                        (b). Heating mode 
1 – compressor, 2 – inner condenser, 3 – air door, 4 – bypass valve, 5 – outdoor heat exchanger,  
6 – EEV for heating, 7 – 3-way valve, 8 – EEV for cooling, 9 – evaporator, 10 – accumulator 




Table 2.1. Heat exchangers geometry 
Heat exchanger Parameter Value 
Evaporator 
Overall dimension 
(L×W×D in [mm]) 
225×254×39 
Effective dimension 
(L×W×D in [mm]) 
197×249×39 
Face area [m2] 0.049 
Air side surface area [m2] 2.87 
Internal volume [cm3] 451 
Inner condenser 
Overall dimension 
(L×W×D in [mm]) 
170×189×34 
Effective dimension 
(L×W×D in [mm]) 
157×189×34 
Face area [m2] 0.030 
Air side surface area [m2] 1.45 
Internal volume [cm3] 94 
Outdoor heat exchanger 
Overall dimension 
(L×W×D in [mm]) 
625×326×22 
Effective dimension 
(L×W×D in [mm]) 
587×311×22 
Face area [m2] 0.18 
Air side surface area [m2] 6.34 
Internal volume [ml] 429 
 
 
Figure 2.3. Components of the system 
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The heat pump system was assembled into a test facility that was designed based on SAE 
Surface Vehicle Standard J2765 (2008). A simplified schematic is shown in Figure 2.4. Two 
environmental chambers simulated ambient condition and cabin interior condition. Temperature 
of each chamber can be reduced by running an R404A chiller, and raised by electric heaters 
inside each chamber. In this dissertation, all data were taken under dry condition by operating 
a dehumidifier in the indoor chamber in cooling mode and in the outdoor chamber in heating 
mode, which ensured no condensate or frost would form on the evaporator surface. In each 
chamber, there was a wind tunnel with flow measurement section designed based on ASHRAE 
Standard 41.2 (1987). The heat exchangers were fit into separate sections, and connected to the 
test sections. For both wind tunnels, air flowed through heat exchangers, metal blade mixers, 
measuring nozzles, and was then drawn by blowers to be released through electric heaters to 
the chamber space. 
 
Figure 2.4. Facility and instrumentation 
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2.2 Measurements and Data Reduction 
Table 2.2 gives the details of the range and uncertainties of the sensors used for measurement. 
Compressor speed (Vcp, min
-1) was measured by a tachometer and a torque transducer was used 
to measure the compressor shaft torque (Tshaft, N⸱m). The compressor power was then calculated 
using Eq.(2-1). Heat exchanger capacities were measured from both air side and refrigerant side. 
For air side, the air volumetric flow rate was determined through Eq.(2-2) by measuring the 
pressure drop across a nozzle, the average air inlet temperature for each heat exchanger was 
measured using a welded T-type thermocouple grid, and the average air outlet temperature was 
measured at the center of the nozzle with a single thermocouple of the same type. The air side 
heat transfer capacity was then calculated using Eq.(2-3), where air inlet enthalpy, as well as air 
density and enthalpy at the nozzle were calculated using the Engineering Equation Solver (EES) 
software based on temperature and relative humidity measurements at corresponding locations 
for each heat exchanger. By using EES uncertainty propagation analysis, the air side heat 
exchanger capacities were determined with average uncertainties of about 4% for indoor 
evaporator, 6% for inner condenser, and 9% for outdoor heat exchanger. For refrigerant side, 
two Micro Motion Coriolis type mass flow meters were added at the liquid lines to measure 
refrigerant mass flow rates for both cooling and heating modes. Refrigerant temperatures at 
inlets and outlets of components were measured by immersion T-type thermocouples. Pressures 
of refrigerant at compressor suction and discharge, as well as pressure drops through all three 
heat exchangers were measured by a combination of absolute and differential pressure 
transducers. With sensors appropriately calibrated, refrigerant side capacities were calculated 
using Eq.(2-4) and had less than 3% of uncertainty when both the inlet and outlet enthalpy 
measurement points of the heat exchangers were single phase. For most test conditions with 
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single phase heat exchanger exits, the two independent capacity measurement methods yielded 
results of difference within 3% for heating and cooling capacities, and the average values of the 
two independent measurements were taken as the heat exchanger capacity. For conditions with 
two phase exits of heat exchangers, air side capacities were adopted. System cooling mode 
coefficient of performance (COP) and heating mode heating performance factor (HPF) were 
derived using Eqs. (2-5) and (2-6) with average uncertainties of 4.0% and 5.9%, respectively. 
Table 2.2. Instrumentation ranges and uncertainties 
Instrument Range Accuracy Description or location 
Type T welded 
thermocouple wire 
-200 ˚C to 200 ˚C 
greater of 0.5 ˚C or 0.4% 
reading (>0 ˚C) 
air temperature 
Type T immersed 
thermocouples 
-200 ˚C to 200 ˚C 
greater of 0.5 ˚C or 0.4% 
reading (>0 ˚C) 
refrigerant temperature 
Dew point sensor -40 ˚C to 60 ˚C ±0.2 ˚C 
air flow upstream and 
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2.3 System Performance Sensitivity to Operating Parameters 
The controllable parameters for operating the heat pump system were refrigerant charge, 
indoor and outdoor air flow rates, compressor speed, and expansion valve opening size. Details 
of refrigerant charge effect on system performance is discussed in Chapter 4. For this chapter, 
the system was charged until there was a visible liquid level above the oil return bleeding orifice 
in the accumulator to ensure sufficient active refrigerant, and the suction quality was estimated 
to be about 95% by a compressor energy balance analysis. Effect of indoor air flow rate with 
all other conditions fixed is shown in Figure 2.5(a). By doubling indoor air flow rate from 4 
kg/min, heating capacity increased 17%, while compressor work decreased 7%, resulting in 25% 
increase in HPF. The higher indoor air flow rate through the inner condenser resulted in lower 
air average temperature and higher air side heat transfer coefficient, which led to lower 
condensing pressure and lower inner condenser outlet enthalpy, as shown in the P-h diagram in 
Figure 2.5(b). Compressor power was reduced because of smaller pressure lift, and HPF largely 
increased as a combined result of larger inner condenser enthalpy change and smaller 
compressor specific work. Although higher indoor air flow rate was beneficial for both heating 
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capacity and HPF, the air discharge temperature supplied to the cabin was lowered substantially, 
which was a compromise in passenger comfort. Meanwhile, noise and blower motor electricity 
consumption would go up. Increase in blower motor energy consumption may even cause the 
overall HPF to drop at high flow rate, but that relationship strongly depends on the heat 
exchanger air flow resistance and air duct design, and is not further discussed. Capacity wise, 
higher indoor air flow rate will always be beneficial since blower electricity consumption will 
eventually all dissipate into the cabin as heat and hence not wasted. 
 
(a)                                                                                 (b) 
Ncp= 53%, δEEV=40%, Tid=10 ˚C, Tamb=0 ˚C, vohex=4 m/s 
Figure 2.5. Effect of indoor air flow rate 
Outdoor air flow rate also had strong impact on heating performance. By increasing air face 
velocity at the outdoor heat exchanger from 1.5 to 4 m/s, as shown in Figure 2.6(a), heating 
capacity increased 24% and compressor work increased 23%, while HPF remained almost 
constant. From Figure 2.6(b), the higher outdoor heat exchanger face velocity led to higher 
evaporating pressure, hence increased suction density. While the P-h diagram shifted upward 
without changing too much in enthalpy values, heating capacity and compressor work were 




(a)                                                                           (b) 
Ncp= 53%, δEEV=40%, Tid=10 ˚C, Tamb=0 ˚C, ṁida=6 kg/min 
Figure 2.6. Effect of outdoor air flow rate 
In an actual system, an outdoor fan is needed to sustain the air flow, and higher air flow rate 
requires higher fan power consumption. By assuming a fan efficiency of 45%, fan power 
consumption was estimated using the measured heat exchanger air side pressure drop and 
volumetric flow rate by Eq.(2-7). Adding fan power into the total work term, as in Eq.(2-8), the 
combined HPF actually started to decrease when outdoor face velocity got higher than 2 m/s. 
By fixing heating capacity, and changing both outdoor air face velocity and compressor speed, 
optimum power allocation to compressor and outdoor fan was studied. As shown in Figure 2.7, 
combined HPF for fixed heating capacities were obtained for four different cases. For the first 
case, the highest face velocity resulted in highest HPF, and for the other three cases with lower 
heating demand, the medium air face velocity worked the best. Also, there appeared a trend that 
the lower the heating demand, the lower the optimum outdoor air face velocity would be. When 
heating demand was high, compressor power was large, and could be reduced more than the 
increased fan power consumption when heating capacity was fixed. While for lower heating 
demand, compressor was already having low power consumption, and couldn’t be reduced as 
much by increasing air face velocity. 
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Figure 2.7. Maximizing combined HPF by changing outdoor air face velocity 
 
(a)                                                                               (b) 
Tid=10 ˚C, Tamb=0 ˚C, vohex=4 m/s, ṁida=6 kg/min 
Figure 2.8. Effect of compressor speed 
Effect of compressor speed on heating performance was straightforward. As shown in Figure 
2.8(a), higher compressor speed resulted in higher shaft work and larger heating capacity, while 
HPF dropped as compressor speed increased. In the figure, when compressor speed was further 
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increased beyond 1600 min-1, the increase in heating capacity was almost the same as the 
increase of compressor shaft work. This indicates for compressor speed higher than 1600 min-1, 
the outdoor heat exchanger reached its limit of heat collecting ability at the condition. If higher 
heating capacity at this condition was desired, a larger or better outdoor heat exchanger would 
be needed.  
2.4 Effect of EEV Opening Size and Subcooling Control  
Results shown in Figure 2.8(a) also indicate appropriate expansion valve opening can affect 
heating performance largely. At 1000 min-1, simply by closing the EEV from fully open to 40%, 
heating capacity was increased by 17%. Results from sweeping EEV opening size at another 
condition were shown in Figure 2.9. When gradually closing the EEV from its fully opened 
position, both heating capacity and compressor work started to increase. Heating capacity began 
to drop after it reached maximum at about 35~40% of the fully open size, which was 8.2% 
higher than that of 100% open. In the same period, compressor work kept increasing, resulting 
in a dome-shaped HPF curve with its maximum about 8.1% higher at 45% EEV opening than 
that of fully open EEV. When closing EEV, suction pressure stayed almost constant, while 
discharge pressure gradually increased at the beginning and then soared up as the opening size 
got further smaller. Due to increasing compression pressure ratio at smaller EEV opening size, 
refrigerant mass flow rate decreased along with compressor volumetric efficiency. At the 
beginning of closing, increase of condensing pressure led to higher condensing temperature, 
hence larger temperature difference between refrigerant and air and more heating capacity was 
delivered to the cabin. The inner condenser outlet temperature also dropped, and offered some 
extra specific enthalpy change for both the evaporator and the inner condenser. As the EEV 
opening got very small, reduction of inner condenser outlet temperature slowed down, and the 
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extra specific enthalpy change by pushing up condensing pressure was diminishing, meanwhile, 
decrease of refrigerant mass flow rate became more prominent, and finally caused the heating 
capacity to drop. At the same time, with rotation speed fixed, the compressor work kept 
increasing due to greater torque at larger pressure difference. And for this feature, heating 
capacity maximized at a smaller EEV opening size than where HPF reached its maximum. 
 
(a)                                                                                (b) 
(c)                                                                                (d) 
Ncp=50%, Tid=10 ˚C, Tamb=0 ˚C, vohex=4 m/s, ṁida=6 kg/min 
* this dataset was obtained with outdoor heat exchanger top-to-bottom flow direction 
Figure 2.9. Effect of expansion valve opening size 
Good sizing of a fixed orifice tube ensures good performance of the system at the rating 
condition, while active control using an EEV provides the opportunity of obtaining better 
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energy efficiency over a wide range of operating conditions. Pottker and Hrnjak (2012) had 
addressed the opportunity of COP improvement by controlling subcooling in MAC systems. 
Xu and Hrnjak (2014) studied subcooling control for residential A/C systems, and proposed a 
COP maximizing subcooling determination strategy by a linear curve fit using the difference 
between condensing temperature and air inlet temperature as an input, although the curve fit 
needs to be calibrated for the specific condenser. Here for heat pump cabin heating, opportunity 
for controlling subcooling by varying the EEV opening size to maximize HPF for constant 
heating capacity was experimentally studied. For three different conditions, the indoor and 
outdoor temperatures and air flow rates were fixed, and then both EEV opening size and 
compressor speed were manually adjusted to reach a series of inner condenser outlet subcooling 
levels while achieving the same air discharge temperature. 
Figure 2.10(a) shows the change in HPF corresponding to different subcooling levels at the 
inner condenser outlet. For all three conditions, there were about 10% improvement in HPF at 
the optimum subcooling level compared to the worst case. Control was done using the EEV. As 
shown in Figure 2.10(b), when increasing subcooling by closing the EEV, the increment of 
subcooling was a combination of the increase of inner condenser outlet saturation temperature 
and the decrease of inner condenser outlet refrigeration temperature. With subcooling continued 
increasing, the contribution from saturation temperature increase was getting larger, while that 
from outlet refrigerant temperature decrease was diminishing. When plotting the two 
contributions in Figure 2.10(c), the location where the two components of subcooling increment 
crossed-over matched the HPF maximizing subcooling very well. Nevertheless, the generality 
of this HPF maximizing strategy for fixed heating capacity operation needs more confirmation 




(a). Effect of subcooling on HPF 
 
                    (b). Ticros and Ticro change                           (c). Contribution to subcooling change 
Tamb=10 ˚C, vohex=4 m/s, ṁida=6 kg/min 
Figure 2.10. Subcooling control using EEV at three different operating conditions 
2.5 Performance at Different  Ambient Temperatures 
Compared to cooling mode, operation of heating mode for a mobile heat pump is needed for 
a much larger temperature range. Most researchers in the open literature are targeting for some 
heat pumping capability at -20 ̊C ambient, while for the commercially available production EV 
heat pump systems, to the best of the author’s knowledge, no one has reported heat pump cabin 
heating below -10 C̊ yet. Instead, they chose to turn off the heat pump and switch on the PTC 
electric heater. In order to understand the effect of operating temperatures, the experimental 
system was operated at a range of ambient temperatures from -20 to 20 ̊C. For all the tests, 
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indoor and outdoor air flow rates were fixed, and subcooling was manually maintained at ~18 ̊C 
for good HPF based on previous results. The indoor air temperature was set equal to ambient 
temperature to simulate cold-soak start-up conditions, or all outside air ventilation setting, 
which would require the largest heating capacity. Absent of industrial standard, 50 ̊C was 
arbitrarily set as the target air discharge temperature at the inner condenser outlet, and 
compressor speed was manually adjusted to reach that target. 
 
        (a). Heating performance                     (b). Compressor speed and suction pressure 
 
(c). Suction density and refrigerant mass flow rate         (d). Relative suction density change 
vohex=4 m/s, ṁida=6 kg/min, SC=18 ̊C 
Figure 2.11. Start-up heating performance at different ambient temperature (R134a) 
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As shown in Figure 2.11(a), when ambient temperature was going down, the temperature lift 
to reach the 50 ̊C target was increasing, and higher heating capacity was required. At higher 
ambient temperature ranging from 20 to 5 ̊C, the system was able to reach the target of 50 ̊C at 
inner condenser outlet, and the compressor was running below its maximum speed. For ambient 
temperatures from 0 ̊C to -10 ̊C, even though the compressor was running at full speed, the air 
discharge couldn’t reach the target temperature, and the heat pump system couldn’t deliver 
sufficient heating capacity. Moreover, the air discharge temperature dropped more than the 
decrease of ambient temperature, resulting in smaller temperature lift, and the heating capacity 
was decreasing, while the heating demand kept getting larger. This capacity drop was mainly 
due to lower refrigerant mass flow rate, since suction density dropped substantially along with 
suction pressure when ambient temperature got lower, as shown in Figure 2.11(b) and (c). 
Figure 2.11(d) shows that even for higher pressure refrigerants like R32 and CO2, the relative 
drop of suction density would only be slightly less than that of lower pressure R134a/R1234yf, 
and hence higher pressure refrigerants will still have noticeable drop of heating capacity at 
lower ambient temperature. When ambient temperature was further lowered to -15 ̊C, suction 
pressure reached atmospheric pressure, and compressor speed had to be lowered, in order to 
prevent vacuum in the system, which could lead to air and moisture leaking into the non-
hermetic system and causing damage. As a result, the heating capacity was further reduced, and 
only 1.94 kW was obtained at -20 C̊. The restriction on compressor speed would only persist 
for low pressure refrigerants, and switching to higher pressure fluid should help alleviate the 
capacity shortage at extremely low ambient temperature. For all the conditions, HPF was higher 
than 2.0, providing significant battery energy saving and range extension opportunities 




            (a). Heating capacity                                      (b). Heating performance factor 
vohex=4 m/s, ṁida=6 kg/min, SC=18 ̊C 
Figure 2.12. Warm-up at different ambient temperatures (R134a) 
 
Figure 2.13. Warm up P-h diagrams at -20 C̊ ambient 
During warm-up of the vehicle cabin, the inner condenser air inlet temperature would 
increase over time, depending on the thermal mass of the passenger compartment and the 
outdoor/recirculation air blending ratio. The warm-up heating performance characteristics were 
simulated using a series of steady state test points with indoor air temperature ranging from the 
corresponding ambient temperature to the steady state 20 ºC in intervals of 5 ºC, and the system 
was operated in the same way as before to target for 50 ̊C air discharge temperature. Figure 2.12 
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shows the change in heating capacity and HPF during the warm-up process for a series of 
ambient temperatures. For ambient temperatures higher than 5 ̊C, the system was capable of 
providing sufficient heat throughout the warming-up process. With cabin temperature 
increasing, the temperature lift to reach the 50 ºC target and the corresponding heating demand 
decreased, and HPF increased over the warming-up process. Also, higher HPF was achieved at 
higher ambient temperature when the indoor temperatures were the same thanks to smaller 
compression pressure ratio. When the ambient temperature was lowered to 0 ̊C, the system 
couldn’t reach the needed capacity at the very beginning, but later successfully met the need 
again after cabin temperature rose above 5 ̊C. With ambient temperature further decreasing, the 
realized heating capacity deviated even more from the heating demand. At -20 ̊C, the system 
wasn’t able to bring indoor air to 50 ̊C regardless of the indoor temperature. Moreover, the HPF 
dropped at higher indoor air temperature since the compression pressure ratio got higher, as 
shown in the P-h diagram in Figure 2.13.  
2.6 Comparison of R134a and R1234yf  
At extremely low ambient temperature, the heating capacity was largely limited by two 
factors: difficulty to circulate refrigerant due to low suction density, and limited compressor 
speed to prevent suction pressure from getting below atmospheric pressure. While R1234yf is 
usually regarded as a drop-in replacement for R134a out of environmental considerations for its 
low GWP, the difference in their saturation pressure and vapor density at extremely low 
evaporating temperature was large enough to show a noticeable heating capacity upgrade. As 
shown in Figure 2.14, the saturation temperature of R1234yf at atmospheric pressure was about 
4 ̊C lower than that of R134a, which allowed higher compressor speed and lower evaporating 
temperature before having to worry about vacuum pressure at compressor suction. Vapor 
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density of R1234yf was about 30% higher than that of R134a at the same low evaporating 
temperature, meaning that higher refrigerant mass flow rate can be sustained. Even with about 
18% lower latent heat of vaporization at typical heat pump evaporating temperatures, R1234yf 
offers greater volumetric capacity than R134a. As shown in Figure 2.15, at ambient 
temperatures higher than 5 ̊C, both R134a and R1234yf enabled the system to supply enough 
capacity to reach 50 ̊C at the indoor air discharge. When compressor speed was maxed for both 
fluids between 0 to -10 ̊C, R1234yf started to show greater heating capacity thanks to its higher 
vapor density. Below -15 C̊, higher compressor speed could be ran for R1234yf before reaching 
atmospheric suction pressure. At -20 ̊C, when suction pressure was carefully maintained at 
atmospheric pressure, R1234yf allowed compressor to run at 62%, compared to 43% for R134a, 
and it enabled 2.48 kW of heating capacity over the 1.94 kW from R134a. Nevertheless, the 
narrower saturation dome of R1234yf resulted in an average of 10% drop of HPF through all 
operating temperatures. Figure 2.13 shows the warm-up at -20 ̊C using both fluids. About 5 ̊C 
extra temperature lift and 20% more heating capacity was achieved using R1234yf. 
 
(a)                                                                               (b) 




    (a)                                                                              (b) 
Figure 2.15. Start up at different ambient temperature 
 
    (a)                                                                            (b) 
Figure 2.16. Warm up at -20 ̊C ambient 
2.7 Other Challenges for Heat Pumping 
During the study, the flow direction through the two pass outdoor heat exchanger was also 
investigated using R134a as the refrigerant, as shown in Figure 2.17. The system performance 
is shown in Table 2.3, and Figure 2.18 shows the resulting cycle P-h diagrams for the two 
configurations. Simply by placing the smaller bottom pass (40%) as the inlet pass, evaporating 
pressure was increased, resulting in about 10% higher refrigerant mass flow rate and higher 
heating capacity.  Nevertheless, the same bottom-to-top configuration may not be reasonable 
for working as a condenser in cooling mode. To match the specific volume change during 
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evaporation and condensation, smaller inlet/larger outlet works better for an evaporator, and 
larger inlet/smaller outlet is more suitable for a condenser. For the outdoor heat exchanger that’s 
switching its role between heating mode evaporator and cooling mode condenser, reversed flow 
direction when switching modes should be considered, and the pass circuitry should be carefully 
balanced. In addition to circuiting issues, different flow directions affect distribution of two 
phase refrigerant in the intermediate header.  In one case, flow in the intermediate header was 
going upward against gravity and in the other case it was the opposite.  Two phase flow against 
gravity is in principle easier to distribute due to existence of two major opposed forces: gravity 
vs. inertia.      
Figure 2.17 also shows frost accumulation on the outdoor heat exchanger surface when 
humidity inside the chamber was deliberately kept high. Formation of frost created an extra 
thermal resistance between air and refrigerant, and also blocked air flow from the frosted parts 
of the heat exchanger, both would reduce the outdoor heat exchanger heat collecting ability. 
Moreover, effect of any imperfect refrigerant distribution can be significantly multiplied by 
effects of frosting.  Inner surfaces in more intimate contact with saturated liquid will be colder 
than surfaces in contact with superheated vapor and thus covered with more frost.  More frost 
increases air flow resistance, forcing air to go exactly where it is not needed: to areas more in 
contact with superheated vapor.  Frosting is usually most severe when ambient temperature is 
about freezing point and relative humidity is high. At extremely low ambient temperature, 
humidity ratio even in saturated moist air is significantly lowered, and hence severity of frost 
impact will be lower. Effect of frosting and strategies for defrosting were not further 
investigated in this research. 
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Table 2.3. Comparison of outdoor heat exchanger flow direction 
Flow direction Wcp,shaft[kW] Qheating[kW] HPF DPohr[kPa] 𝑚𝑟𝑒𝑓̇ [g/s] 
Top-to-bottom 1.06 2.92 2.77 42.5 16.0 
Bottom-to-top 1.15 3.18 2.78 42.2 17.5 
Ncp=50%, δEEV=40%, Tid=10 ˚C, ṁida=6.0 kg/min, Tamb=0 ˚C, vohex=4 m/s 
 
  
    (a). Top-to-bottom                                                 (b). Bottom-to-top 
Figure 2.17. Outdoor heat exchanger configuration, frosting, and maldistribution 
 
Figure 2.18. Comparison of outdoor heat exchanger flow direction 
The frost pattern in Figure 2.17 indicates another performance degrading issue: refrigerant 
two phase maldistribution. The large portion of clean surface without frost in both images 
suggests higher fin surface temperature, and it’s likely superheated refrigerant was flowing in 
the microchannel tubes within the non-frosted surface areas, where refrigerant side heat transfer 
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coefficient was significantly lower, and there was less air-to-refrigerant temperature difference, 
both contributed to lower effectiveness of the non-frosted surface areas. Impact of refrigerant 
maldistribution on heating performance was studied in the next chapter with the help of a model. 
2.8 Conclusions 
In order to get an understanding of the performance characteristics of the state-of-the-art heat 
pump for EV’s, a three heat exchanger heat pump bench system was built using the same heat 
exchangers and the same architecture as the production system from a 2013 Nissan Leaf EV. 
Sensitivity of heating capacity and energy efficiency to system operating parameters were 
experimentally studied. Higher indoor air flow rate significantly increased heating capacity, 
while improving energy efficiency at the same time without taking blower motor power 
consumption into account. However, air supply temperature dropped largely, and noise would 
increase at higher indoor air flow rates, which compromised passenger comfort. Nevertheless, 
during preconditioning with no occupants inside, higher indoor air flow rate would be beneficial 
for fast and efficient warm-up. Increasing outdoor heat exchanger air face velocity with all other 
conditions fixed resulted in higher heating capacity and negligible HPF change. However, when 
taking fan power consideration into account, the combined HPF started to drop at high face 
velocity. In general, to allocate electric power between compressor and fan for maximum 
combined HPF, lower face velocity tended to be optimal for lower heating load. 
Similar to controlling cooling capacity in cooling mode, higher compressor speed resulted 
in higher heating capacity but lower HPF. At very high compressor speed, the increased heating 
capacity was almost all contributed by the increased compressor power consumption, because 
the outdoor heat exchanger’s heat collecting capability reached its limit. Size of the expansion 
valve opening was critical. By controlling subcooling using the EEV, roughly 10% energy 
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efficiency change was observed between no subcooling to optimum subcooling for three 
different conditions. The highest HPF was found to be near when the increase of condensing 
temperature and the decrease of condenser refrigerant outlet temperature had the same amount 
of contribution to the increment of subcooling, while generality needed further confirmation. 
Effects of ambient temperature and indoor air temperature were studied. The system was 
able to provide sufficient heating at ambient temperatures higher than 5 C̊ by running the 
compressor at partial speed. When ambient temperature was lowered, heating capacity started 
to drop because compressor speed reached maximum while suction density decreased along 
with suction pressure, even though the heating demand was increasing. At extremely low 
ambient temperature, suction pressure reached atmospheric pressure, and compressor speed had 
to be lowered to prevent vacuum in the system, which further reduced the heating capability of 
the system. Because of this high sensitivity to suction density and suction pressure, the 
commonly seen “similar” refrigerants R134a and R1234yf showed a noticeable difference in 
heating capacity at low ambient temperature. At -20 ̊C start up, R1234yf supplied 2.48 kW 
while only 1.94 kW was achieved with R134a, although HPF with R1234yf was roughly 10% 
lower over the entire temperature range. 
To improve heating performance, especially increasing heating capacity at extremely low 
ambient temperature using current low pressure fluids, suction pressure needs to be elevated as 
much as possible to enable larger compressor output and higher refrigerant mass flow rate. That 
can be achieved by increasing heat transfer and improving refrigerant distribution. Refrigerant 
two phase maldistribution needs further investigation, and the outdoor heat exchanger has to be 
designed with its performance in both operating modes well balanced.  
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CHAPTER 3: NUMERICAL INVESTIGATION IN HEATING PERFORMANCE 
DEGRADATION OF A MOBILE HEAT PUMP SYSTEM  
3.1 Introduction 
The previous chapter presented results of heating performance characteristics of a mobile 
heat pump using the state-of-the-art architecture and heat exchangers from the first production 
EV heat pump system studied in a variety of operating conditions. The system lost its heating 
capacity significantly at extremely low ambient temperature due to low suction pressure. A 
simulation tool based on the existing experimental data would largely help to understand the 
system physics, and to reveal opportunities for design improvements. 
In this chapter, a steady state system model was built using MATLAB and REFPROP 
(Lemmon, et al. 2018) to predict heating and cooling performance at different operating 
conditions for the system described in the previous chapter. The model was constructed over a 
hierarchized structure matching the physical structure of the actual system. Components were 
connected by pressure and enthalpy at inlets and outlets consecutively to form a cycle. For 
iteration, the cycle was divided into two half cycles: high pressure side, and low pressure side. 
The simulation iterated through the two half cycles in turn until the outlet pressure/enthalpy of 
each other matched with the inlet pressure/enthalpy of the other. Within the half cycles, the high 
pressure side was iterated to reach a given subcooling, while the low pressure side was iterated 
to reach a certain suction quality or superheat. The iterations were progressed based on Newton-
Raphson method. Component wise, the compressor was simulated using efficiency curve fits 
from the data. Instead of providing system total refrigerant charge amount and build an 
accumulator model, the experimentally derived compressor suction quality was given as an 
input to the model. The expansion valve was regarded as being actively controlled to give 
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condenser outlet subcooling as an input to the system model, while the flow through it was 
modeled by an isenthalpic throttling process. Microchannel heat exchanger models were built 
using finite volume method. The heat exchangers were divided into small segments and each 
individual segment was solved using ε-NTU method, and pressure and enthalpy were used to 
connect adjacent segments. For the indoor evaporator and inner condenser, direct iteration with 
relaxation was applied to deal with the two slab counter-cross flow configuration. 
The component models generated predictions matching experimental data quite well except 
for the outdoor heat exchanger working as an evaporator in heating mode, where the capacity 
was largely overestimated. By taking the refrigerant two phase maldistribution into account 
using the frosted length profile as an input, the outdoor heat exchanger heat transfer model 
accuracy was largely improved. Incorporating the maldistribution model for the outdoor heat 
exchanger downstream pass into the system solver, good agreement of heating capacity and 
HPF with data was achieved. 
Using the system model, impact of refrigerant two phase maldistribution in the outdoor heat 
exchanger downstream pass was investigated. For most cases, by assuming uniform distribution, 
the system model predicted an average of 10% heating capacity increase with the same 
compressor speed. At -20 C̊ ambient, as outdoor heat exchanger performance was improved by 
uniform distribution, higher compressor speed could be ran, and by pushing compressor speed 
higher until suction pressure reached atmospheric pressure again, heating capacity was 
predicted to be improved by 19%. The high sensitivity of saturation temperature to pressure and 
large temperature glide inside the outdoor heat exchanger was found to be another major reason 
for performance degradation. 
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3.2 Components Model Development 
3.2.1 Compressor Model 
In the literature, the term “compressor model” comes in a wide range of different types, from 
physical models with in-depth details of the compressor structure to statistical models obtained 
solely from high level experimental data (Rasmussen and Jakobsen 2000). Physical models can 
better capture compressor characteristics, but require a lot of details of the specific compressor 
being studied, and cannot be easily generalized and plugged into a system model for simulation 
of the full vapor compression cycle. On the other end, purely statistic models lose the physical 
insights which are essential for understanding how the system works. In the scope of this study, 
the compressor was a mechanical device that consumes power to keep refrigerant flowing from 
the low pressure suction to the high pressure discharge, and was represented by its volumetric 
and isentropic efficiencies, which were correlated to compression pressure ratio using curve fits 
from the data, and curve fitted thermal resistance of heat loss through the shell. 
As shown in Figure 3.1(a), suction thermodynamic state, discharge pressure, and compressor 
speed were given as inputs, while refrigerant mass flow rate, shaft work, and discharge enthalpy 
were outputs of the model. The volumetric and isentropic efficiencies were explicitly calculated 
using Eqs.(3-1) and (3-2), and the curve fitting parameters are given in Table 3.1. Refrigerant 
mass flow rate was then calculated with Eq.(3-3) using suction vapor density. Compressor shaft 
work was determined by Eq.(3-4) using the modeled refrigerant mass flow rate as an input. 
Determination of discharge enthalpy through compressor shell heat loss model was dependent 
on the unknown discharge refrigerant temperature, which was a function of discharge pressure 




Table 3.1. Compressor model curve fitting parameters 
Parameter Value Unit 
cv  0.05 - 
polyn  1.03 - 
1c  0.028 - 
2c  0.56 - 
3c  0.80 - 
4c  58 W 
roomT  25 ̊C 
hR  1.05 K/W 
lR  0.30 K/W 
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Comparison of the model results and experimental data were given in Figure 3.1(b)~(d). For 
95% of all the data taken from the experimental system, refrigerant mass flow rate was modeled 
within ±10%, and compressor shaft work within ±15%. Prediction of specific compression work 
to the refrigerant was dependent on prediction of refrigerant mass flow rate, shaft work, and 




    (a). Compressor model inputs and outputs                      (b). Refrigerant mass flow rate 
 
                   (c). Shaft work                                       (b). Specific compression work 
Figure 3.1. Compressor model and results 
3.2.2 Microchannel Heat Exchanger Model 
The heat exchangers in the system provided an interface to exchange heat between 
refrigerant and air, and changed the thermodynamic states of the two fluids. The heat exchanger 
models took air and refrigerant inlet states and flow rates as inputs, and gave the outlet states at 
both fluid streams, together with the total amount of heat that’s exchanged. All three heat 
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exchangers in the system were extruded aluminum microchannel tube louver fin heat 
exchangers. Detailed geometries of all three heat exchangers were measured and given in Table 
3.2, and they were modeled using finite volume method with the following assumptions: 
 Steady state flow and heat transfer; 
 Thermodynamic equilibrium; 
 Uniform air and refrigerant flow, or otherwise noted; 
 Heat transfer and pressure drop in headers neglected; 
 Conduction thermal resistance through heat exchanger wall neglected; 
 Lubricant effect on heat transfer and pressure drop not considered; 
 Dry condition. 
The heat exchangers were divided into small segments along the refrigerant flow direction 
in equal lengths, as shown in Figure 3.2. The number of elements was determined by sensitivity 
analysis to balance between numerical truncation error and computational time. By doubling 
this number, change in heat exchanger capacity was kept within 0.5%. Starting from the first 
segment at the refrigerant inlet of the heat exchanger, refrigerant side heat transfer coefficient 
and pressure gradient, as well as air side heat transfer and pressure drop were calculated using 
empirical correlations from the literature. Table 3.2 gives a detailed list of all the empirical 
correlations that were used in the model. Thermodynamic and transport properties needed in 
the correlations were calculated using the state parameters at the segment inlets for both 
refrigerant and air streams. Heat transfer in each segment was then solved by ε- NTU method 
using Eqs.(3-7)~(3-15). The exit enthalpy of the segment was then determined through energy 
balance by Eq.(3-16). Exit pressure was calculated by Eq.(3-17), where the pressure gradient 
contains a friction term and an acceleration term, both determined using empirical correlations 
depending on the flow situation. Air side outlet state of each segment was determined in a 
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similar way. The segment refrigerant exit state then became the inlet state to the downstream 
segment, and the program progressed consecutively for each segment until reaching the exit of 
the heat exchanger. After that, the total heat transfer amount of the heat exchanger was 
calculated by summing up all the individual segments. 
For single slab heat exchanger in cross flow configuration, such as the outdoor heat 
exchanger in this study, air inlet state to every finite volume segment was known, and the above 
procedure was sufficient to explicitly solve for the refrigerant and air outlet states. For multi-
slab heat exchangers in counter-cross flow configuration, like the indoor evaporator and inner 
condenser, however, air inlet state for the air side downstream slab(s) was unknown, and was 
dependent on the refrigerant side downstream pass(es), hence iteration was needed for the 
simulation. The iteration started with air inlet states for all elements set equal to heat exchanger 
air inlet state, and the program progressed the same as a single slab cross-flow heat exchanger. 
Each time the program reached the refrigerant side exit of the heat exchanger, air inlet states of 
the elements at the air side downstream slab(s) were updated with the air outlet states of 
corresponding air upstream elements. And calculation through all the segments were repeated 
until the refrigerant and air exit states stopped changing between two consecutive iterations. 
 
            (a). Single slab cross flow                     (b). Two slab counter-cross flow 
Figure 3.2. Heat exchanger model finite volume discretization 
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Table 3.2 . Microchannel heat exchanger geometries 
Parameter Evaporator Inner condenser Outdoor heat exchanger 
Dimensions [mm] 197×249×39 157×189×34 587×311×22 
Ref side area [m2] 0.049 0.030 0.18 
Air side area [m2] 2.87 1.45 6.34 
# slabs 2 2 1 
# passes 4 2 2 
# MC tubes 15+14+18+11 11×2 19+29 
# MC ports 11 12 29 
port size [mm] 1.47×1.15 0.74×0.72 Φ0.53 
Fin height [mm] 6.87 6.68 5.38 
Fin pitch [mm] 1.31 0.98 1.34 
Louver length [mm] 5.84 5.60 4.68 
Louver pitch [mm] 0.97 0.81 0.97 
 
Results from the standalone heat exchanger models compared to measured data in both 
cooling and heating modes using R134a and R1234yf are shown in Figure 3.3 and Figure 3.4. 
Using the selected empirical correlations, together with the measured heat exchanger air side 
and refrigerant side geometries, as well as the given inputs of air and refrigerant inlet 
thermodynamic states and flow rates, the microchannel heat exchanger model worked the best 
for condensers. Capacity of the inner condenser in heating mode was predicted within ±5% of 
the measured values with 95% confidence. All the capacity predictions for the outdoor heat 
exchanger in cooling mode matched the 21 measurements within ±5%. For capacity of the 
indoor evaporator in cooling mode, all the 21 data points were captured within ±10% by the 
model. However, for the outdoor heat exchanger working as an evaporator in heating mode, the 
model overestimated the heat transfer amount by 17% on average, although 95% of the 




Table 3.3. Empirical correlations for microchannel heat exchanger model 
Parameter Correlation 
Air side heat transfer coefficient Chang and Wang (1997) 
Air side pressure drop Chang, Wang and Chang (1994) 
Void fraction Zivi (1964) / homogeneous 
Single phase heat transfer coefficient Gnielinski (1976) 
Single phase frictional pressure drop Churchill (1977) 
Two phase evaporation heat transfer coefficient Kandlikar, et al. (2014) 
Two phase condensation heat transfer coefficient Cavallini, et al. (2006, 2009) 
Condensing superheated zone heat transfer coefficient Kondou and Hrnjak (2012) 
Two phase frictional pressure drop 
Friedel (1979) (Evap) 
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      (a). Heating mode inner condenser capacity     (b). Cooling mode outdoor condenser capacity 
Figure 3.3. Condenser model capacity prediction in heating and cooling modes 
 
    (a). Cooling mode indoor evaporator capacity    (b). Heating mode outdoor evaporator capacity 
Figure 3.4. Evaporator model capacity prediction in cooling and heating modes 
3.3 Evaporator Model with Refrigerant Two-Phase Maldistribution 
The largely overestimated outdoor heat exchanger evaporating capacity in heating mode and 
the previously observed highly non-uniform frosting pattern on the fin surface suggested 
refrigerant two-phase maldistribution might have introduced noticeable degradation to the heat 
transfer performance. Tuo, et al. (2012) have built a pseudo 2D model to study refrigerant 
57 
 
maldistribution in a microchannel evaporator. In that model, they discretized both the 
microchannel tubes and the headers, and grouped them into multiple flow paths, each containing 
one microchannel tube, together with the inlet header elements between the heat exchanger inlet 
to the microchannel tube inlet, and the outlet header elements between the microchannel tube 
outlet to the heat exchanger outlet. By assigning a quality distribution profile, the mass flow 
rate distribution into the individual microchannel tubes was iterated until the pressure drop 
through all flow paths converged to the same value. The same discretization method was 
adopted for the second pass of the outdoor heat exchanger, where maldistribution appeared to 
be affecting the most. Figure 3.6 shows the discretization of the microchannel tubes and headers. 
As an example, the jth flow path was shown in blue, which consisted of inlet header elements 
#j~M, microchannel tube #j, and outlet header elements #j-1~Z. 
In addition to the microchannel heat transfer and pressure drop models, a header element 
model was built to calculate refrigerant pressure drop, while heat transfer between the headers 
and its surroundings was neglected. The pressure drop in the header consisted of a friction term 
and a gravitation term. The frictional pressure drop was calculated using the same empirical 
correlations as the evaporator model, but with header geometries as inputs. The gravitational 
term was dependent on refrigerant density. For two-phase header elements, the mixture density 
was calculated using Zivi’s (1964) void fraction correlation. The local minor pressure loss due 
to tube protrusion into the header as suggested by Tuo, Bielskus and Hrnjak (2012) was not 
included since the headers of the outdoor heat exchanger were D-shaped with relatively small 
tube protrusion. The header elements were assembled with the microchannel tubes into a heat 
exchanger pass matching the physical outdoor heat exchanger upper pass, while the lower 




Figure 3.5. Non-uniform frost pattern suggested refrigerant two-phase maldistribution 
 
Figure 3.6. Discretization of microchannel tubes and headers 
The iteration procedure solves refrigerant mass flow rate distribution by balancing pressure 
drop through all flow paths, but it depends on an arbitrarily assigned microchannel tube inlets 
quality distribution profile. Zou, Tuo and Hrnjak (2014) introduced a empirical distribution 
function to predictively calculate the quality distribution profile depending on the local 
refrigerant quality and Reynolds number, and incorporated that with the pressure drop balancing 
iteration. Li and Hrnjak (2015) introduced a method to quantify liquid refrigerant distribution 
through infrared thermography. In this dissertation, since the frosted heat exchanger surface 
already served as an indication of refrigerant two phase maldistribution, the simpler approach 
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of arbitrarily assigning a distribution profile was adopted. The frosted lengths of the 
microchannel tubes in the second pass of the outdoor heat exchanger were converted into the 
liquid refrigerant mass flow rate distribution profile, as shown in the solid blue bars in Figure 
3.7, and this profile stayed unchanged throughout the iteration. By iterating to balance pressure 
drop through all the 29 flow paths, refrigerant vapor mass flow rate converged to the profile 
shown in shaded red in Figure 3.7 for the simulation case of start up at -20 C̊ ambient using 
R1234yf. Figure 3.8 shows the modeled wall temperature of the outdoor heat exchanger. The 
wall temperature pattern in the second larger pass of the outdoor heat exchanger agreeed very 
well with the frost pattern. More importantly, it showed that 25% of the second pass surface 
area had less than 0.1 ̊C temperature difference between air inlet and the heat exchanger surface, 
and almost no heat transfer was happening through that surface area. By applying the same 
liquid refrigerant mass flow rate distribution profile to all cases, the outdoor heat exchanger 
heat transfer capacity was remodeled with the maldistribution assumptions. Predictions from 
the updated model fell within ±20% of the measurements with 95% confidence, as shown in 
Figure 3.9. Compared to the uniform distribution model, the predicted heat transfer capacity 
dropped an average of 8% when the two-phase maldistribution was taken into account. 
 




Figure 3.8. Outdoor heat exchanger wall temperature from the model 
 
Figure 3.9. Outdoor heat exchanger capacity prediction with maldistribution 
3.4 Vapor Compression Cycle Solver  
The physical inputs to the heat pump system were indoor and outdoor temperatures and air 
flow rates, compressor speed (or indoor discharge temperature target), expansion valve setting 
and refrigerant charge. In the system model, the expansion valve was used for maintaining a 
constant subcooling at the condenser outlet, hence subcooling was given as a known input to 
the system model, and the refrigerant flow through the expansion valve was simply modeled as 
an isenthalpic process. With the assumed subcooling control scheme for a system that had an 
accumulator, the system refrigerant charge amount determined the suction quality or superheat, 
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which depended on the amount of refrigerant inside the accumulator. Accurate prediction of 
refrigerant charge inside all components, including that in the complicated pipe network was 
difficult, and a good accumulator model was needed to finally convert charge into suction 
quality/superheat. Without diving into the hard-to-validate charge and accumulator models, the 
experimentally derived suction quality data were used as inputs to the system model. 
The cycle solver iterated around three pressures: suction, discharge, and evaporator inlet, in 
two layers. As shown in Figure 3.10, iteration first started with the inner cycle that included 
compressor and condenser. Discharge pressure was adjusted until the condenser outlet 
subcooling matched the assigned subcooling input. Refrigerant mass flow rate and condenser 
outlet enthalpy from the first half cycle was then sent to the second half cycle as inputs together 
with the guessed evaporator inlet pressure. The second half cycle then adjusted the evaporator 
inlet pressure until the evaporator outlet quality matched with the input suction quality. The 
resulting evaporator outlet pressure was then used to update the compressor suction pressure 
guess value through the outer cycle. Convergence was reached when the evaporator outlet 
pressure matched well with the compressor suction pressure. Note that the flow chart shown 
here worked for both heating and cooling modes with fixed compressor speed, and different 
heat exchangers were connected depending on the operating mode. When a certain indoor air 
discharge temperature was desired, an intermediate layer of iteration was added around the half 
cycle that determined discharge pressure, and compressor speed was adjusted until the air 
indoor discharge pressure requirement was reached. When an accurate refrigerant charge model 
and accumulator model become available, one more layer of iteration can be added at the 
outermost layer to iterate for suction quality/superheat, although calculation time will most 




Figure 3.10. Vapor compression cycle iteration procedure 
 
(a). Heating capacity                                                    (b). HPF 




        (a)                                                                           (b) 
 
         (c)                                                                            (d) 
Figure 3.12. System model results for sensitivity to different operating parameters 
With all the component models assembled using the iteration strategy, the vapor 
compression cycle model was applied to all heating mode operating conditions using the air 
side inputs, compressor speed, and the given subcooling and suction quality/superheat, and the 
refrigerant maldistribution model was applied to the upper larger pass of the outdoor heat 
exchanger for all cases. As shown in Figure 3.11, both heating capacity and HPF were well 
predicted by the model with 95% of the predictions fell within ±10% of the measurements. The 
same model was also examined against the system behavior with different operating parameters, 
as shown in Figure 3.12. Although slightly optimistic on heating capacity for the compared 
cases, the model worked well for catching the trends of heating capacity and HPF upon change 
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of indoor air flow rate, outdoor air face velocity, and compressor speed. When controlling 
subcooling to optimize energy efficiency for fixed heating capacity, the model caught the dome 
shaped HPF for all three cases, while the variation of the HPF value was smaller from the model. 
3.5 Model Investigation into Heating Performance Degradation 
With the model integrated and fully validated against a wide range of data in the previous 
sections, the heat pump heating performance degradation, especially significant loss of heating 
capacity at low ambient temperature, was investigated using the system model with the 
incorporated maldistribution heat exchanger model. 
 
      (a). Outdoor heat exchanger component model                       (b). System model 
Figure 3.13. Modeled capacities with uniform distribution and maldistribution assumptions 
During the heat exchanger model development, when the refrigerant flow through the 
outdoor heat exchanger was assumed uniform, the capacity of this heat exchanger was 
overestimated by 17% in average, while invoking the maldistribution model brought the 
predictions into a reasonable range. When putting the predictions for the outdoor heat exchanger 
capacity with the two distribution assumption against each other, as shown in Figure 3.13(a), if 
the flow were uniformly distributed into the parallel microchannel tubes, for majority of the 
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cases, the outdoor heat exchanger would have absorbed 20% more heat from the ambient air. 
When integrating these two distribution assumptions into the complete system model, as shown 
in Figure 3.13(b), uniform refrigerant distribution offered 10% more heating capacity for almost 
all the cases, mainly through improved outdoor heat exchanger performance by eliminating the 
pinched superheated vapor zones as shown in Figure 3.14. At extremely low ambient 
temperature, the compressor speed was limited and the suction pressure was maintained just 
above atmospheric pressure. When refrigerant distribution was improved, with the same 
compressor speed, the better performing outdoor heat exchanger could lead to higher 
evaporating temperature and hence higher suction pressure. As a result, compressor speed could 
be increased before suction pressure reach atmosphere again, and an extra increase of heating 
capacity could be achieved. 
For heating mode start up at -20 ̊C using R1234yf, Figure 3.14~Figure 3.16 give a detailed 
comparison between maldistribution and uniform distribution cases through the refrigerant 
temperature, refrigerant side heat transfer coefficient, and local heat transfer amount profiles 
across the outdoor heat exchanger. When maldistribution was present, the superheated zone had 
very little air-to-refrigerant temperature difference, and very low heat transfer coefficient. The 
resulting local heat transfer in the superheated zone was almost nonexistent. When the 
refrigerant was uniformly distributed, refrigerant temperature distribution in the top pass was 
much more uniform, and air-to-refrigerant temperature difference was larger. Together with the 
relatively high refrigerant side heat transfer coefficient, local heat exchange amount throughout 
the top pass was relatively high. With improved overall UA of the outdoor heat exchanger, 
compressor speed was increased from 62% to 80% before suction reached vacuum. The system 




(a). Maldistribution                                          (b). Uniform distribution 
Figure 3.14. Outdoor heat exchanger refrigerant temperature 
 
(a). Maldistribution                                          (b). Uniform distribution 
Figure 3.15. Refrigerant heat transfer coefficient in the outdoor heat exchanger 
 
(a). Maldistribution                                          (b). Uniform distribution 
Figure 3.16. Normalized heat transfer amount across the outdoor heat exchanger 
The detailed refrigerant temperature distribution from Figure 3.14 also showed that in the 
bottom smaller pass, even though uniform refrigerant distribution was assumed, the refrigerant 
temperature close to the heat exchanger inlet was very close to the -20 ̊C air inlet temperature. 
Although refrigerant side heat transfer coefficient was still in the midrange, local heat exchange 
amount close to the inlet of the heat exchanger was approaching zero. The high refrigerant 
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temperature close to the heat exchanger inlet was a result of the temperature glide caused by 
pressure drop. The modeled pressure profile in the outdoor heat exchanger along the refrigerant 
flow direction was shown in Figure 3.17(a). Note that the outlet pressure of the outdoor heat 
exchanger, or the compressor suction pressure, was maintained at atmospheric pressure, and 
was a limiting factor for heating output at extremely low ambient temperature. The relative 
length of the heat exchanger in the horizontal axis was weighted by the number of tubes in the 
two passes, hence represented the relative surface area along the heat exchanger. Refrigerant 
saturation temperature was calculated and shown in a similar way in Figure 3.17(b). For 42 kPa 
of pressure drop through the outdoor heat exchanger, there was an 8 ̊C glide of refrigerant 
saturation temperature. Averaging across the surface area, this temperature glide caused 4.9 ̊C 
less air-to-refrigerant temperature difference to drive heat transfer. While the refrigerant 
temperature was lower bounded by the saturation temperature at atmospheric pressure, namely 
-29.5 ̊C, the maximum air-to-refrigerant temperature difference in a -20 ̊C ambient was 9.5 ̊C, 
and the temperature glide caused by pressure drop alone took away 51% of the heat transfer 
driving force. Figure 2.17(b) also shows the refrigerant temperature in the top pass averaged 
across all 29 tubes. Due to refrigerant maldistribution, more and more tubes started to get 
superheated along the flow direction, and the refrigerant temperature deviated from its 
saturation temperature, resulting in an elevated average temperature profile. The early 
superheating caused by refrigerant maldistribution further took away 1.36 ̊C of average 
temperature difference, leaving only 35% of the maximum possible temperature difference to 




       (a). Refrigerant pressure along flow direction    (b). Loss of air-to-ref temperature difference 
Figure 3.17. Outdoor heat exchanger pressure and temperature profiles 
The large temperature glide was caused by the high sensitivity of refrigerant saturation 
temperature to pressure. This sensitivity can be estimated through Clausius-Clapeyron relation 
by Eq.(3-18). Figure 3.18 shows the dT/dP of R1234yf at different evaporating temperatures. 
When the evaporating temperature was approaching -30 ̊C at extremely cold ambient, the 
temperature to pressure derivative dramatically increased, and the same amount of pressure 
drop could cause a much larger temperature glide than that at higher ambient temperature. 
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The temperature glide caused by pressure drop differs largely with different refrigerants. As 
shown in Table 3.4, higher pressure refrigerants like R32 and CO2 have much lower sensitivity 
of saturation temperature to pressure at the same evaporating temperature compared to 
R134a/R1234yf. As a result, heating performance at extremely low ambient temperature will 
be much less sensitive to refrigerant pressure drop by switching to higher pressure fluids. While 
for current low pressure refrigerants, reducing pressure drop and ensuring good refrigerant 




Table 3.4. Sensitivity of temperature to pressure of different refrigerants 
@ -29.5 ̊C R134a R1234yf R32 CO2 
P [kPa] 86.4 101.3 279.1 1451 
ρg [kg/m3] 4.5 6.0 7.8 37.7 
hfg[kJ/kg-K] 219.2 180.3 356.2 302.5 
dT/dP [K/kPa] 0.2448 0.2251 0.0872 0.0206 
 
 
Figure 3.18. Sensitivity of R1234yf saturation temperature to pressure 
3.6 Conclusions 
A data based compressor model, and a finite volume heat exchanger model were built. Good 
agreement between model predictions and experimental measurements was achieved except for 
the outdoor heat exchanger capacity in heating mode, where the model predicted 17% higher 
heat transfer capacity in average. Refrigerant maldistribution in the larger pass of the outdoor 
heat exchanger was identified as the reason for this mismatch. A maldistribution model was 
built by balancing the pressure drop through multiple flow paths, each including inlet and outlet 
header segments and a microchannel tube. A frost pattern taken from a controlled frosting 
experiment was used as the liquid refrigerant mass flow rate distribution profile for all 
maldistribution simulation cases. With this approach, the outdoor heat exchanger heat transfer 
capacity in heating mode was brought into good agreement with the data. A system model was 
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built by connecting all the components in a cycle, and iterated in a layered structure for 
improved iteration efficiency. The model was validated against prior measurements. 
By analyzing with the system model, heating capacity could be improved by 10% in average 
if refrigerant distribution in the second pass was assumed uniform. At -20 ̊C, where compressor 
speed was limited in order to maintain suction pressure slightly above atmospheric pressure, 
uniform refrigerant distribution would allow higher compressor speed, and heating capacity was 
predicted to improve by 19% from 2.53 kW to 3.02 kW. Beside refrigerant maldistribution, 
refrigerant pressure drop and the resulting large temperature glide was identified as a key factor 
that’s limiting the system heating capability, especially at extremely low ambient temperature. 
To maximize heating capacity at extremely low ambient temperature using current low pressure 
refrigerants, pressure drop in the outdoor heat exchanger should to be minimized, and better 
refrigerant distribution in the outdoor heat exchanger would be desired.  
71 
 
CHAPTER 4: REFRIGERANT CHARGE IMBALANCE OF A MOBILE AIR 
CONDITIONING/HEAT PUMP SYSTEM 
4.1 Introduction 
Correct refrigerant charge amount is important in obtaining the best performance as designed 
for any vapor compression system. For heat pump systems that work in multiple operating 
modes, the needed refrigerant charge amount differs from one mode to another, resulting in 
refrigerant charge imbalance when switching modes. Within each operating mode, the system 
active charge need also varies with the operating condition. Moreover, non-hermetic systems 
often come with slow leaks, and the systems are usually charged with some extra refrigerant to 
cope with the slow charge loss over the span of a few years. The mode-switching charge 
imbalance, normal charge variation, and leakage reserve are usually stored in a liquid charge 
storage reservoir, most typically high pressure receiver and low pressure accumulator. 
This chapter looks into the charge need and its variation of a mobile air conditioning/heat 
pump system using R134a refrigerant. Necessary refrigerant charge in cooling and heating 
modes were determined experimentally. Cooling mode was found to need more refrigerant for 
the heat exchangers than heating mode, and this imbalance was stored in the accumulator in 
heating mode. By installing ball valves before and after components, quick closed valve 
technique (Jin and Hrnjak 2012) was applied to suddenly trap refrigerant and oil mass inside 
components when the system was running in steady state, and charge distribution among 
components was measured in both operating modes. Condensers were found to retain much 
more charge per unit volume when compared to evaporators. Imbalance of refrigerant charge 
was largely due to the fact that the outdoor heat exchanger has much larger internal volume than 
the inner condenser. When the outdoor heat exchanger switched its role from a condenser in 
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cooling mode to an evaporator in heating mode, the refrigerant charge retained in this heat 
exchanger changed dramatically. Minimizing this change can help to reduce charge imbalance 
when switching modes. The measurement also found that half of the system lubricant oil was 
held in the accumulator. Through a mass conservation analysis, storing large amount of 
refrigerant liquid inside the accumulator is likely to result in either low oil circulation ratio 
(OCR), or low suction quality, or large oil charge need. Storing the excess liquid in other types 
of charge storage devices where lower vapor quality refrigerant flows through would 
significantly reduce the oil charge trapped in the stored refrigerant liquid.  
On top of the finite volume microchannel heat exchanger model developed in the previous 
chapter, refrigerant charge distribution inside the heat exchangers were estimated using void 
fraction correlations from the literature. And a new system architecture to reduce mode 
switching charge imbalance was examined using the model. 
4.2 Refrigerant Charge Determination 
Refrigerant charge was determined for the system described in Chapter 2 in both cooling and 
heating modes. A transparent accumulator was used for monitoring system active refrigerant 
variation, and two electronic expansion valves (EEV) were used as fixed orifice expansion 
devices, one for each operating mode. In cooling mode, the operating condition was set at 40 ̊C 
ambient according to SAE-J2765 (2008) standard. Refrigerant was added in 50 g increment, 
and cooling performance was measured by averaging over 10 minutes of steady state operation 
for each charge level. As shown in Figure 4.1(a), as more refrigerant was added into the system 
from 800 g, both suction and discharge pressure gradually increased. With fixed compressor 
speed, the higher suction pressure and density led to higher refrigerant mass flow rate. 




    (a)                                                                            (b) 
Ncomp=65%, δEEV=100%, Tid=40 ˚C, vevap=2.5 m/s, Tamb=40 ˚C, voh=3.7 m/s 
Figure 4.1. Cooling mode charge determination 
 
    (a)                                                                            (b) 
Ncomp=50%, δEEV=40%, Tid=10 ˚C, mfrida=6 kg/min, Tamb=0 ˚C, voh=4 m/s 
Figure 4.2. Heating mode charge determination 
When refrigerant charge reached 1150 g, superheat decreased to 0 ̊C, and two phase 
refrigerant started to come out of the evaporator. When further adding refrigerant into the 
system, all the operating parameters became very insensitive to increase of refrigerant charge, 
except that the refrigerant liquid level in the accumulator started to steadily rise. The cooling 
capacity and COP are shown in Figure 4.1(b). Cooling capacity increased with refrigerant 
charge until 1050 g, while compressor shaft work continued increasing until 1150 g, when 
refrigerant started accumulating in the accumulator, and the coefficient of performance (COP) 
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reached its maximum at 1050 g of refrigerant charge. In order to achieve both high heating 
capacity and high COP, 1050 g of refrigerant should be added to the system. For a production 
system, some extra charge can usually be added depending on the expected leakage rate and 
service interval.  
Similar charge determination test was carried out in heating mode in a typical operating 
condition. Changes of operating parameters showed very similar trends as in cooling mode, 
whereas for both high heating capacity and high heating performance factor (HPF), only 750 g 
of refrigerant was needed. In order to ensure good performance in both modes, 1050 g of charge 
was needed for the system. In heating mode, the extra 300 g were mostly staying in the 
accumulator as liquid, and didn’t have significant impact on heating capacity and energy 
efficiency. However, the size of the accumulator needed to be large enough to house the excess 
refrigerant liquid, and minimizing the mode switching charge imbalance can help reduce the 
size of the accumulator, hence reduce its volume, weight, and cost. 
One more factor that significantly affects the optimal refrigerant charge amount for the 
system was the size of the throttling orifice, or the EEV opening in the lab system. In Chapter 
2, effect of the EEV opening size in heating mode was studied with 1100 g of refrigerant inside 
the system, and opportunity for controlling subcooling for maximum HPF was investigated. 
The size of EEV opening also significantly changed the system active refrigerant amount. As 
shown in Figure 4.3(a), by closing the EEV from its fully open position, the accumulator liquid 
level gradually decreased, and the inner condenser outlet remained in two phase state with no 
subcooling. The liquid level drop indicated increasing amount of active refrigerant charge 
circulating in the system, which pushed the vapor quality at the inner condenser outlet, inside 
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the liquid line, and at the evaporator outlet to a lower value. When the EEV was further closed 
from 60%, inner condenser outlet subcooling started to increase, the liquid level suddenly 
dropped 14 mm, and about 95 g more liquid moved from the accumulator into the rest of the 
loop. This rather abrupt change in system active charge was a result of the high sensitivity of 
void fraction to vapor quality when the vapor quality was approaching 0, during which a large 
volume fraction of the inner condenser outlet header and the liquid line switched from vapor to 
liquid. Once the inner condenser outlet became thoroughly subcooled, further drop of liquid 
level by closing the EEV was mainly a result of increased size of the inner condenser subcooled 
region and lowered inlet quality to the evaporator. For subcooling control using the EEV at 
three different conditions, the accumulator liquid level was plotted against the inner condenser 
outlet subcooling in Figure 4.3(b). It turned out the system active refrigerant charge increased 
linearly with the inner condenser outlet subcooling for these cases, and the slope of the change 
appeared to be inversely proportional to the heating load. 
 
    (a)                                                                            (b) 
Tid=10 ˚C, mfrida=6 kg/min, Tamb=0 ˚C, voh=4 m/s 
Figure 4.3. Effect of subcooling on system active charge 
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4.3 Refrigerant Charge Retention in Components  
In order to identify the distribution of refrigerant charge inside the system, ball valves were 
installed at inlets and outlets of the components, as shown in Figure 4.4. The internal volumes 
of the sections were measured by isothermal liquid method, namely, dividing the mass of 
subcooled liquid R134a that is needed to fill the volume with the density from P-v-T relationship. 
With the system running in steady state, quick close valve technique was applied to trap 
refrigerant charge inside heat exchangers and tubes. The valves were closed manually by 
multiple graduate students according to a synchronized flashing and buzzing signal. With an 
average response time of 0.3 seconds, the maximum refrigerant mass retention measurement 
uncertainty was about 5 g. The trapped refrigerant was then slowly recovered to a recovery 
bottle using a liquid nitrogen bath and weighed with a digital scale calibrated to ±0.1 g. After 
recovery, the remaining refrigerant that’s dissolved in oil was left to evaporate and reach 
equilibrium to a higher vapor pressure, and the remaining vapor mass was determined by 
multiplying T-P determined vapor density and internal volume of the section. Through an 
uncertainty propagation analysis, the uncertainty from the measuring procedure was negligible 
compared to that from human response. 
With the procedure described above, charge distribution among components in both cooling 
and heating modes were measured at the charge determination conditions with about 1080 g of 
refrigerant in the system. Figure 4.5(a) shows the measured refrigerant mass retained in the 
compressor, all the lines, all three heat exchangers, and the accumulator in the two modes. The 
lines and the three heat exchangers each caused about 150 g of charge imbalance, and the 




T – thermocouple, P – absolute pressure transducer, DP – differential pressure transducer, 
MM – Micro Motion mass flow meter, H – hose connection fitting, 
 V – ball valves, EEV – electronic expansion valve, 3WV – 3-way valve 
Figure 4.4. Refrigerant loop instrumentation for quick close valve charge retention measurement 
 
  (a). Overall distribution                                      (b). Distribution in lines 
Figure 4.5. Refrigerant charge retention in components 
Figure 4.5(b) show further details of refrigerant charge retention inside the connecting tubes. 
For both modes, with several degrees of subcooling, the liquid lines held subcooled liquid 
refrigerant. Density of refrigerant liquid changes little with pressure and temperature, and the 
refrigerant mass inside the liquid line was close to the product of the liquid line internal volume 
and refrigerant liquid density, with a small portion of the volume filled with not fully condensed 
vapor bubbles and circulating lubricant oil. The lab installed liquid lines were much longer than 
that would be need in an actual car, and the volume difference alone caused about 150 g of 
charge imbalance. For the discharge line and suction line, the majority of internal volume was 
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filled with vapor. Although refrigerant vapor density changes dramatically with pressure, the 
values under normal operating conditions were more than one order of magnitude smaller than 
that of subcooled liquid. Even with the unrealistically long tubes, the amount of refrigerant mass 
held in the discharge line and suction line was small, and didn’t contribute much to the charge 
imbalance when switching modes. The two phase lines between the EEV’s and evaporators in 
the two operating modes had two phase refrigerant flowing through. According to Zivi (1964) 
void fraction correlation, as shown in Figure 4.6, for in tube two phase flow, the vapor volume 
fraction increases very quickly with vapor quality at low quality region. For typical flow after 
the expansion valve, vapor quality ranges between 20~30%, hence 80~90% of the internal 
volume can usually be filled with vapor, and the mixture density is only a fraction of liquid 
density. The measurement in Figure 4.5(b) shows that only a small quantity of refrigerant mass 
was held in the two phase lines in both modes, agreeing with the void fraction trend. Moreover, 
for an actual system, without the need for instrumentation, the two phase lines can usually be 
as short as possible, hence further reducing the refrigerant charge retention in the two phase 
lines and any possible charge imbalance from their size difference. 
 
Figure 4.6. Two phase void fraction and mixture density (Zivi 1964 correlation, R134a, 300 kPa) 
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As far as refrigerant charge is concerned, only the liquid lines need to be carefully sized. 
Minimizing the liquid line sizes helps to reduce the system total charge need, while 
manipulating the liquid line sizes may even help to balance the refrigerant charge need 
difference from other components, especially heat exchangers. 
By downsizing the diameters and lengths, the liquid line internal volumes were reduced, and 
the heating mode liquid line internal volume was arbitrarily made larger than the cooling mode 
liquid line, as shown in Figure 4.7. After the size change of liquid lines, about 800 g of 
refrigerant charge was in the ballpark of optimal for both operating modes. The liquid line still 
held the most refrigerant charge, while with their size imbalance inversed, the charge imbalance 
from the liquid line size difference now helped to counter the charge imbalance from the rest of 
the system, and there was no longer a large refrigerant mass inventory change in the 
accumulator, making a smaller accumulator internal volume viable. In heating mode, when 
further adding an extra 160 g of refrigerant, most of it went into the accumulator, while 
refrigerant charge distribution in the rest of the system stayed almost unchanged. 
The refrigerant charge imbalance from heat exchangers was more complicated than volume 
difference. In cooling mode, the outdoor heat exchanger worked as a condenser, with the 
evaporator cooling the cabin, while the indoor condenser was bypassed from air side. In heating 
mode, the outdoor heat exchanger worked as an evaporator, with the indoor condenser heating 
the cabin, whereas the evaporator was bypassed from refrigerant side. As shown in Figure 4.7(b), 
in both modes, the condensers retained most refrigerant mass. When switching from cooling to 
heating mode, the outdoor heat exchanger changed from a condenser to an evaporator, and the 
refrigerant charge amount inside it dropped by about 130 g during the tests, almost accounting 
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for the total charge imbalance from heat exchangers. The inner condenser retained 52 g of 
refrigerant in heating mode when working as a condenser, while retaining only 7 g when being 
bypassed in cooling mode. The indoor evaporator had 61 g of refrigerant in it when working as 
an evaporator in cooling mode, while retained only 7 g when it’s bypassed in heating mode, as 
only low pressure vapor existed in this heat exchanger. Overall, condensers retained the most 
charge, and the condensers size difference, or switching of the outdoor heat exchanger from 
condenser to evaporator was the major cause of the mode-switching charge imbalance. 
 
  (a). Overall distribution                                      (b). Distribution in lines 
Figure 4.7. Internal volume and refrigerant charge retention after adjusting liquid line sizes 
4.4 Effect of Refrigerant Overcharge 
One obvious downside of having charge imbalance was the need of liquid storage reservoir 
that’s large enough to contain the excess refrigerant in the low charge operating mode. The 
previous charge determination also suggested a slight drop of energy efficiency when 
compressor suction moved from superheated state to slightly within the two phase region due 
to accumulation of liquid in the accumulator, as shown in the P-h diagram in Figure 4.8. One 




Figure 4.8. Effect of overcharge on heating mode cycle 
 
Figure 4.9. PAG46 (ND8) oil mass distribution in the components 
The oil mass retention in the compressor, accumulator, three heat exchangers, and the liquid 
line were measured after extracting the refrigerant for three cases: cooling mode and heating 
mode with close to optimal refrigerant charge, and heating mode with about 160 g overcharge. 
About 210 g of PAG46 (ND8) oil was used for all three cases. For the liquid line, oil was 
collected and weighed by flushing with liquid R134a refrigerant into an evaporating cylinder. 
For the other parts, oil mass was determined by directly weighing the components with and 
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without oil. Major source of uncertainty was from the human response time in simultaneous 
closing of the valves. Overall, 0.3 g of uncertainty was estimated using EES. 
The oil mass distribution in the components were shown in Figure 4.10. For all three cases, 
the accumulator held the most oil mass, and it held more oil in heating mode than that in cooling 
mode. In fact, about half of the system total oil mass was held in the accumulator in both heating 
mode cases, while less than 20% was retained in the compressor, where it was meant to lubricate. 
When refrigerant was overcharged by about 160 g in heating mode, 8 grams more oil, together 
with most of the added refrigerant, were held in the accumulator. Interestingly, the increase of 
oil trapped in the accumulator for the overcharged case didn’t result in reduction of oil mass in 
the compressor. On the contrary, 5 grams more refrigerant was found in the compressor, and 
OCR increased from 1.9% to 2.4%. It appeared that for the overcharged case, by having a few 
percent of refrigerant mass flowing out of the outdoor heat exchanger in liquid state rather than 
all superheated helped to reduce the oil mass in the outdoor heat exchanger and the rather long 
suction lines, as the liquid refrigerant diluted the oil and dramatically reduced the liquid phase 
viscosity, hence much easier to flow back to the accumulator. Due to the unrealistically long 
and complicatedly instrumented connecting lines, impact of overcharge in heating mode on oil 
return wasn’t further experimentally explored. Nevertheless, in an earlier study by Peuker and 
Hrnjak (2010), the distribution of refrigerant and lubricant among components for different 
charge levels with an orifice tube-accumulator cooling only MAC system was investigated. As 
shown in Figure 6, overcharging the system got more oil mass trapped in the accumulator, while 




        (a). Refrigerant                                                       (b). Lubricant 
Figure 4.10. Refrigerant and lubricant distribution among components (Peuker and Hrnjak 2010) 
 
                  (a). Accumulator                 (b). OCR, quality, and ref/oil mass retention relationship 
Figure 4.11. Accumulator oil return mechanism and overcharge effect 
The accumulator functions as an excess refrigerant charge storage device while also returns 
oil to the compressor. As shown in Figure 4.11, inside the accumulator body, a U shaped tube 
connects the compressor suction to the top of the accumulator body to take vapor flow. At the 
bottom of the U-tube, a pinhole allows the lubricant, together with the dissolved refrigerant 
liquid, to bleed into the U-tube and return to the compressor suction along with the vapor flow. 
A simple analysis revealed challenge for oil return when the system was overcharged with 
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refrigerant. Oil circulation ratio (OCR) is defined as the ratio of oil mass flow rate to total mass 
flow rate of the refrigerant oil mixture throughout the system, as shown in Eq.(4-1). While 
suction quality is the ratio of vapor refrigerant mass flow rate to total refrigerant mass flow rate, 
as can be derived in Eq.(4-2). Further assuming liquid refrigerant and oil to be well mixed in 
the accumulator, simple mass conservation gave relationship between OCR, suction quality, 
and liquid refrigerant and oil mass retained in the accumulator in Eq.(4-3). The equation was 
plotted in graphic form with 206 g of refrigerant liquid in the accumulator in Figure 4.11(b). 
The figure shows that with a large amount of liquid refrigerant mass retained in the accumulator, 
the system would always suffer from at least one of the following 3 undesirable situations: 1). 
Large amount of oil mass trapped in the accumulator; 2). Low OCR; 3). Low suction quality. 
In the overcharged heating mode experiment, vapor quality of the flow through the accumulator 
was derived to be between 94.5 to 96.9%, and OCR was measured 2.4%. Despite over 50% of 
the total system oil charge being trapped in the accumulator, OCR was in the low range, and 













































According to Eq.(4-3), when a certain OCR is desired, the oil to refrigerant mass retention 
ratio decreases with vapor quality of the flow through the storage device. When an accumulator 
is used, the vapor quality is the suction quality, and low suction quality introduces loss of 
refrigeration effect in the evaporator and energy efficiency of the system, together with risk of 
compressor flooding, while keeping suction quality high will inevitably result in very high oil 
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to refrigerant mass ratio inside the accumulator, making it unfavorable as a charge storage 
device when large mode switching refrigerant charge imbalance is present. As shown in Figure 
4.12, by storing the excess liquid refrigerant in a receiver, where vapor quality is 0, or in a two 
phase separator, where the majority of flow is liquid, the oil to refrigerant mass holdup ratio can 
be kept below 10% for any reasonable OCR values. As a result, storing a large amount of 
refrigerant liquid in these low vapor quality components won’t trap a significant amount of oil 
to increase the system oil charge demand. 
 
Figure 4.12. Options for excess refrigerant liquid storage 
4.5 Analysis of Refrigerant Charge Retention in Heat Exchanger  
The system model developed in the previous chapter provided detailed thermodynamic state 
parameter profiles and mass flux along the flow through headers and microchannel tubes of the 
three heat exchangers. Refrigerant mass distribution inside the heat exchangers can be further 
estimated using these information together with void fraction correlations from the literature. 
All three heat exchangers were microchannel heat exchangers, and their internal volumes 
consisted of the microchannel tubes, headers, and the inlet/outlet connection tubes between the 
lab-installed ball valves and the inlet/outlet headers. As shown in Figure 4.13, for each of the 
three heat exchangers, the headers took up as large internal volumes as the microchannel tubes. 
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When two phase was present, as refrigerant branched in/branched out from location to location 
inside the header, the two phase flow was constantly developing. The two phase flow 
morphology can also be significantly affected by gravity and complicated header interior 
geometry due to microchannel tube protrusion. As void fraction correlations were usually 
developed for fully developed flows, no void fraction correlation was particularly designed for 
flow in headers. Instead of diving into the complicated two phase flow physics covering a wide 
range of vapor quality and mass flux conditions, a total of 13 void fraction correlations from 
the literature were examined, each directly applied to all internal volume elements that had two 
phase inside. Estimation results with these correlations were shown in Figure 4.14. On average, 
Premoli (1971) correlation worked the best for all four cases, with an average of 9% deviation 
from the measurements. Premoli (1971) correlation was used for the following analysis. 
 
Figure 4.13. Breakdown of internal volume of the three heat exchangers 
Prediction for the condensers in both modes were not very sensitive to the selection of void 
fraction correlations, whereas different correlations resulted in huge difference in charge 
inventory estimation for the two evaporators. Refrigerant thermodynamic state in condensers 
spanned from superheated single phase vapor, two phase, to single phase subcooled liquid. Only 
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part of the condensers were in two phase zone, where estimation of refrigerant mass was 
dependent on the void fraction correlation selection. Moreover, as shown in Figure 4.15(a), for 
the outdoor heat exchanger working as a condenser in cooling mode, the drop of void fraction 
was significantly slower than the reduction of vapor quality until quality was approaching 0. 
With the liquid density vastly higher than vapor density, majority of refrigerant mass was held 
in the low vapor quality and subcooled zones. For the evaporators, however, refrigerant entered 
with vapor quality around 30%, and exited in slightly superheated vapor state or high vapor 
quality two phase state. For the entire span of the heat exchanger, low density vapor took more 
than 80% of the internal volume. On a relative sense, a small difference in void fraction can 
result in vastly different liquid volume, and hence very different refrigerant mass estimation. 
Figure 4.15(b) shows the detailed distribution of refrigerant mass inside the outdoor heat 
exchanger in cooling and heating modes. The largest refrigerant mass retention difference came 
from the second pass and the outlet header, where the phase of the refrigerant differed the most. 
To reduce the imbalance in the microchannel tubes, the easiest way would be sending single 
phase liquid into the heat exchanger in heating mode, hence expanding the evaporator to the 
low vapor quality high refrigerant mass retention region. Flash gas bypass would be one of the 
options to do so. While for the outlet header that’s filled with liquid in cooling mode, and with 
vapor or high quality two phase in heating mode, the refrigerant mass imbalance was nearly 
proportional to its internal volume. By reducing its cross-sectional area, or reducing the number 
of tubes in the downstream pass would reduce the mass retention difference in it. However, with 
the current system design using the same flow direction for the outdoor heat exchanger in both 
operating modes, when in heating mode working as an evaporator, the outdoor heat exchanger 
performance was very sensitive to pressure drop. Reducing the size of the downstream pass and 
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the outlet header would inevitably cause heating performance degradation. One way to tackle 
that would be reversing the flow direction when switching operating modes. 
 
       (a). O.D. HX in cooling mode as condenser       (b). O.D. HX in heating mode as evaporator 
 
       (c). Inner condenser in heating mode                           (d). Evaporator in cooling mode  




 (a). Density and void fraction profile                        (b). Refrigerant mass distribution 
Figure 4.15. Outdoor heat exchanger refrigerant mass retention 
  
(a). Cooling mode                                     (b). Heating mode 
Figure 4.16. Reversible outdoor heat exchanger with integrated separator/receiver 
 
(a). Density and void fraction profile                        (b). Refrigerant mass distribution 
Figure 4.17. Reversible outdoor heat exchanger refrigerant mass retention 
Figure 4.16 shows the system architecture using a reversible outdoor heat exchanger with 
integrated separator/receiver. The flow direction of the outdoor heat exchanger was reversed 
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when switching operating modes. In heating mode, liquid and vapor were separated after some 
evaporation in the first smaller pass, and only liquid was sent into the larger pass for further 
evaporation. In cooling mode, the smaller pass worked as a designated subcooler. Details of this 
system will be discussed in the following chapter. Using the system model from Chapter 3 and 
Premoli’s (1971) void fraction correlation, 10 out of the 48 tubes were assigned to the smaller 
pass for a more reasonable designated subcooler size. At the same operating condition, the 
refrigerant mass retention in both operating modes were show in Figure 4.17. In cooling mode 
as a condenser with integrated subcooler, the smaller pass, smaller header, and the entire middle 
header were filled with single phase liquid, and held the majority of refrigerant mass. In heating 
mode as an evaporator with intermediate vapor bypass, the upper section of the middle header 
connected to the larger pass was filled with single phase liquid, and held the most refrigerant 
mass. Overall, charge imbalance from this heat exchanger was reduced from 150 g to 80 g. 
Moreover, the vapor quality of the flow entering the separator/receiver in cooling mode would 
be 0, and that in heating mode would be around 50%. With typical OCR below 5%, the oil 
concentration and oil mass dissolved in the stored liquid inside the separator/receiver would be 
negligible, and there won’t be a large amount of oil trapped when storing the mode switching 
refrigerant charge imbalance or any normal charge variation when condition changes. 
4.6 Conclusions 
Necessary refrigerant charge amount in cooling and heating modes was investigated through 
charge determination test for a mobile heat pump system using a suction accumulator as excess 
charge storage device. Cooling mode was found to need about 300 g more refrigerant charge 
than heating mode, and this charge imbalance was stored in the accumulator when not needed 
in heating mode. By applying quick close valve method, half of the 300 g charge imbalance was 
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identified to be caused by the lab installed liquid lines size difference, while the rest half mostly 
came from the three heat exchangers. After reversing the liquid line size difference by 
modifying their diameters and lengths in the lab, the charge imbalance from heat exchanger was 
almost cancelled by the arbitrarily introduced liquid line size difference. For an actual system, 
only the charge imbalance from the heat exchangers needs to be concerned, while the liquid line 
sizes can be manipulated to help balancing the mode-switching charge imbalance. 
Through a mass conservation analysis, using the accumulator to store a large quantity of 
refrigerant liquid is likely to result in either large quantity of oil getting trapped in the 
accumulator, low OCR, or too much liquid entering compressor suction. In the present study, 
when the system was overcharged by about 160 g of refrigerant in heating mode, even with 
more than 50% of the total oil charge trapped in the accumulator, OCR was still relatively low 
at 2.4%, and suction quality was estimated to be 94~97% by energy balance. Through the 
analysis, other liquid refrigerant storage devices with lower vapor quality flowing through 
would be better options if large refrigerant charge imbalance was present. Potential candidates 
included liquid line receiver, flash gas bypass separator, and an intermediate vapor separator to 
be proposed and studied in the next chapter. 
Refrigerant and oil retention in the three heat exchangers were measured using quick close 
valve method. In both modes, the condensers retained the majority of refrigerant charge. 
Cooling mode had a much larger condenser than that of heating mode, and their charge retention 
difference alone was about the same as the total charge imbalance from heat exchangers upon 
switching operating modes. This difference was also close to the outdoor heat exchanger charge 
retention change when it changed its role from a condenser to an evaporator. 
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Based on the system model developed in Chapter 3, a series of void fraction correlations 
were used for evaluating the refrigerant mass inside the heat exchangers. For the three heat 
exchangers in both operating modes, Premoli’s (1971) correlation offered the best agreement 
with measurements, with an average deviation of 9% for the four cases. Using this correlation, 
the refrigerant mass distribution in the outdoor heat exchanger in both modes were investigated. 
The absence of low vapor quality when this heat exchanger worked as an evaporator, together 
with the large internal volume of the outlet header holding large amount of refrigerant mass 
when it worked as a condenser, were the two major reasons for the large refrigerant mass 
retention imbalance. A reversible outdoor heat exchanger with integrated separator/receiver was 
looked into using the model. By reversing the flow direction to reduce the condenser mode 
outlet header, and introducing phase separation to lower vapor quality at the inlet to the larger 
pass in evaporator mode, the refrigerant mass imbalance was lowered from 150 g to 80 g. 
Moreover, by storing the excess charge in the separator/receiver, oil trapping was no longer an 
issue since vapor quality was either 0 or about 50%.  
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CHAPTER 5: INTERMEDIATE VAPOR BYPASS – A NOVEL DESIGN FOR 
MOBILE HEAT PUMP USING LOW PRESSURE LOW GWP REFRIGERANT 
5.1 Introduction 
The booming EV market is suffering from serious drive range reduction in cold weather 
when cabin heating is needed. Other than a range of load reduction strategies, transitioning from 
positive temperature coefficient (PTC) electric heaters to heat pump systems presents the 
greatest potential to reduce onboard energy consumption for the same thermal comfort. In terms 
of refrigerant, major automotive OEM’s are currently making the transition from high GWP 
R134a toward low GWP R1234yf, both have relatively low operating pressure, while the move 
towards higher pressure low GWP CO2 is still slow. With the current low pressure refrigerants, 
heat pump systems significantly lose their capacities at extremely low ambient temperature. In 
the previous chapters, the following low ambient temperature heating performance limiting 
factors were identified: 
 Significant drop of suction density results in low refrigerant mass flow rate 
 Compressor speed limited to prevent vacuum suction 
 Refrigerant maldistribution in the outdoor heat exchanger 
 Large temperature glide in the outdoor heat exchanger due to pressure drop 
Another challenge for mobile heat pump system is to have a well-balanced design for 
multiple operating modes, of which the most important ones are cooling and heating modes. 
For the most widely adopted three heat exchanger heat pump configuration, the outdoor heat 
exchanger works as a condenser in cooling mode, and switches into an evaporator in heating 
mode. With the outdoor heat exchanger performance being a bottleneck in achieving high 
heating capacity at extremely low ambient temperature, the Nissan Leaf heat pump 
configuration chose to sacrifice condenser performance in cooling mode for improvement in 
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evaporator performance in heating mode. Besides balancing heat exchanger performance, 
balancing refrigerant charge when switching operating modes is also challenging. With the 
outdoor heat exchanger often being the largest heat exchanger in the system, switching its roles 
between condenser and evaporator causes a significant difference in its refrigerant charge 
retention, as the average void fraction in a condenser is significantly lower than that in an 
evaporator, and the same heat exchanger working as an evaporator needs much less refrigerant 
charge than when it’s working as a condenser. This results in a noticeable refrigerant charge 
imbalance for the system when switching operating modes. This refrigerant imbalance, together 
with the normal refrigerant charge demand variation due to operating condition change, needs 
to be stored in a reservoir. Nowadays, conventional MAC systems that only needs to work in 
cooling mode are mostly using an integrated receiver/drier with the condenser for storing the 
excess refrigerant liquid when less refrigerant charge is needed. All of the currently available 
mobile heat pump systems are using a suction accumulator to deal with the normal charge 
variation and the mode-switching charge imbalance. However, in low charge operating 
conditions, large quantity of refrigerant liquid will be staying in the suction accumulator, and 
the dilution of lubricant oil can result in either loss of refrigerating effect or large quantity of 
oil trapped in the accumulator. 
This chapter presents a novel design to tackle the bottlenecking factors for low ambient 
temperature heat pumping while maintaining a good design for cooling mode operation, at the 
same time still has the ability to better balance refrigerant charge when switching modes, and 




Flash gas bypass (FGB) is a concept of separating the flash vapor after the expansion valve 
and then sending it back to compressor suction through a metering valve, while only liquid is 
sent into the evaporator for evaporation, as shown in Figure 5.1. Elbel and Hrnjak (2004) 
showed that FGB helped to increase cooling capacity by 9% while improving COP by 7% at 
the same time for a R744 air conditioning system. Tuo and Hrnjak (2012) showed 13-18% 
cooling capacity increase together with 4-7% COP improvement of FGB over DX for a MAC 
system using R134a, and COP improvement of 37-58% were achieved by adjusting compressor 
speed to match cooling capacity of the DX baseline. Both studies attributed the improvement 
of cooling capacity and COP to more uniform refrigerant distribution and lower pressure drop 
in the microchannel evaporator. As discussed in Chapter 2 and Chapter 3, these two factors 
were exactly what needed to be addressed in order to improve heating performance, especially 
at extremely low ambient temperature using current low pressure refrigerants. 
In order to fully achieve the potential of FGB, the outdoor heat exchanger needs to be in 
single pass, so that refrigerant liquid after phase separation can be uniformly sent into the 
parallel flow channels to minimize the superheated vapor region close to the heat exchanger 
outlet. However, when switching to cooling mode, when the refrigerant flow direction through 
the outdoor heat exchanger is kept the same in cooling mode, the FGB separator will be staying 
on the discharge line before the condenser and doing nothing. If the flow direction is reversed 
by changing the design of the refrigerant loop, the FGB separator will be downstream of the 
condenser, essentially working as a liquid line receiver. By having a receiver on the liquid line, 
when the system is properly charged, there will be no condenser outlet subcooling, and 
according to previous studies, cooling mode COP will be roughly 10% away from being 
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optimum. In fact, modern MAC condensers are mostly using the integrated receiver/drier 
subcooler condenser design, as shown in Figure 5.2, so that some subcooling at condenser outlet 
can be guaranteed by the subcooler when using TXV and properly charged. 
 
(a). Flash gas bypass system                           (b). Distribution improvement by FGB 
Figure 5.1. Flash gas bypass (Tuo and Hrnjak 2012) 
  
Figure 5.2. A/C system with an integrated receiver/dryer condenser (Patel and Pickett Jr. 2004) 
5.3 Intermediate Vapor Bypass Design and System Architecture 
The new design is a reversible two-pass outdoor heat exchanger integrated with a reversible 
receiver/separator, as shown in Figure 5.3. The separator/receiver is a reservoir connected 
97 
 
between the two passes of the heat exchanger through a set of four check valves. The check 
valve bridge ensures refrigerant always gets into the separator/receiver through the side port, 
and exit from the bottom, regardless of the flow direction in the outdoor heat exchanger. In 
cooing mode working as a condenser, superheated discharge vapor refrigerant enters from the 
larger pass for condensation. By closing the bypass valve, the intermediate reservoir works as 
a receiver. When the system is charged with an appropriate amount of refrigerant, the receiver 
is partially filled with liquid, and refrigerant exits the larger pass in saturated liquid state, which 
then enters the smaller pass for generating subcooling. 
 
(a). Cooling mode, working as a condenser with integrated receiver and subcooler 
 
(b). Heating mode, working as an evaporator with intermediate vapor bypass 
Figure 5.3. Reversible two-pass outdoor heat exchanger 
In heating mode, two phase refrigerant from the expansion valve enters from the smaller 
pass. After some evaporation in the first pass, the two phase refrigerant with increased vapor 
quality enters the intermediate reservoir. With the bypass valve opened, the reservoir works as 
a two phase separator. Refrigerant vapor exits the separator from the top, passes through the 
bypass valve, and then joins the outlet of the second pass. Meanwhile, saturated liquid exits 
from the bottom, through the check valve bridge, and then enters the second larger pass for 
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further evaporation. By sending only liquid into the second pass, similar to an FGB evaporator, 
refrigerant distribution into the parallel microchannel tubes can be improved. At the same time, 
by bypassing the vapor generated from isenthalpic expansion through the expansion valve and 
evaporation in the first pass, mass flow rate through the second pass and average vapor quality 
in it will be reduced, and there will be less pressure drop. In other words, the larger pass realizes 
the benefits of an FGB evaporator in heating mode, while the smaller pass ensures the benefit 
from condenser subcooling in cooling mode. Meanwhile, the separator/receiver reservoir 
functions as an excess refrigerant liquid storage device in both modes, making it possible to 
cope with normal refrigerant charge need variation and mode switching active charge difference. 
  
(a). Cooling mode                                     (b). Dehumidification mode 
  
(c). Heating mode                                          (d). Defrosting mode 
Figure 5.4. Operating modes with proposed reversible outdoor heat exchanger 
Figure 5.4 shows different working modes of the system designed with the integrated 
separator/receiver reversible outdoor heat exchanger. In cooling mode, the inner condenser is 
bypassed from air side by closing the air flap door, and the indoor evaporator provides cooling 
to the cabin, while the indoor electronic expansion valve (EEV) regulates evaporator outlet 
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superheat. Meanwhile, the bypass valve is fully closed, and the outdoor heat exchanger 
essentially works as a condenser with integrated receiver with its second pass functioning as a 
subcooler. When turning into heating mode, the indoor evaporator is bypassed from refrigerant 
side by fully closing the indoor EEV, and the inner condenser provides heating to the cabin with 
the outdoor EEV regulating subcooling at its outlet. In the meantime, the outdoor heat 
exchanger works as an evaporator with intermediate vapor bypass. The bypass valve is opened 
and controls superheat at the outlet of the second pass of the outdoor heat exchanger. For 
dehumidification, both indoor evaporator and inner condenser work to first cool down air to 
remove moist, and then reheat the cool dry air to a comfortable temperature. Depending on the 
cooling and heating loads, the outdoor heat exchanger can be connected to either high pressure 
side or low pressure side for energy balance of the system. When defrosting is needed, the 
refrigerant cycle can be ran in cooling mode to extract heat from indoor air through the indoor 
evaporator, and to bring that heat together with compressor thermal work to the outdoor heat 
exchanger for melting ice. An auxiliary PTC electric heater can be turned on to compensate the 
extracted heat and also to provide the extra heat needed for maintaining comfortable cabin 
temperature. 
Component wise, compared to the baseline system studied in the previous chapters, as shown 
in Figure 5.5(a), both the proposed and baseline systems have identical heat exchangers, and 
both need a ball valve and a three way valve for switching modes. The accumulator in the 
baseline system is replaced by the intermediate separator/receiver to function as an excess 
refrigerant liquid storage reservoir. An extra set of check valves is needed for the modified 
outdoor heat exchanger to allow reversing of flow direction when switching modes. Since all 
four check valves only work with very small pressure differences at all operating modes, they 
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can be made inexpensively with low pressure rating, and integrated into the pressure bearing 
separator/receiver housing. One extra component needed for the modified system is a stepper 
motor controlled vapor bypass valve to control suction superheat and hence prevent liquid 
flooding in compressor in heating mode. 
5.4 Proof-of-Concept Intermediate Vapor Bypass System 
  
              (a). Baseline system                                (b). Proof-of-concept modification 
Figure 5.5. Comparison of baseline, proposed, and proof-of-concept systems 
 
Figure 5.6. Modified outdoor heat exchanger with intermediate vapor bypass 
In order to verify the potential benefits of intermediate vapor bypass in improving low 
ambient temperature heating performance, namely more uniform refrigerant distribution and 
less pressure drop in the second pass of the outdoor heat exchanger, the baseline heat exchanger 
was modified. As shown in Figure 5.6, a baffle was inserted in the intermediate header between 
101 
 
the two passes, and two connection ports were drilled at the top and bottom of the intermediate 
header. A separator was made with clear PVC pipe that allowed visual inspection of the phase 
separation. The separator consisted of a cylindrical body, a side tangential inlet port, a top vapor 
outlet port, a bottom liquid outlet port, a cyclone baffle, and a whirlpool stopper. The side inlet 
and bottom outlet ports of the separator were connected to the drilled ports on the heat exchanger 
intermediate header through hoses in the heating mode evaporator configuration for proof-of-
concept validation. The check valve bridge for reversible operation was not added for the proof-
of-concept investigation. The top vapor outlet was connected through a stepper motor controlled 
bypass valve and joined with the outlet of the upper larger pass. The rest of the system was kept 
unchanged compared to the baseline, as shown in Figure 5.5. 
Heating performance of the proof-of-concept modified system with intermediate vapor 
bypass outdoor heat exchanger was measured in the same way as the baseline system at two 
conditions: -20 ̊C when there was most severe shortage of heating capacity, and 10 ̊C when the 
system was capable of providing enough heating capacity and energy efficiency was more 
important. Indoor and outdoor were kept at the same temperature as a representation of the most 
demanding cold-soak start-up, or 100% outside air ventilation situations. Indoor and outdoor 
air flow rates were kept constant at the same values as the baseline. Constant subcooling of 18 ̊C 
at the inner condenser outlet was maintained by manually controlling the outdoor EEV to ensure 
good HPF in the ballpark.  For the intermediate vapor bypass system, the bypass valve was 
gradually opened from fully closed position until a visible liquid level in the separator appeared. 
With the suction accumulator still present to protect compressor suction from flooding, the same 
liquid level as baseline was kept by adjusting refrigerant charge amount to render similar 
compressor suction quality at around 95%. The compressor was operated to target for 50 ̊C air 
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discharge temperature at the inner condenser air outlet. The maximum compressor speed was 
set at 2000 min-1 for the 135 cm3 displacement belt driven semi-hermetic compressor to match 
a reasonable maximum volumetric capacity that’s sized for a compact EV. At very low ambient 
temperature of -20 C̊, compressor speed was subject to limitation to avoid subatmospheric 
suction, as extended exposure of non-hermetic systems to vacuum pressure can result in air and 
moisture leaking into the system and causing corrosion and damage. During the experiments, 
the compressor speed was gradually increased until air discharge temperature reached target, 
suction pressure reached atmospheric pressure, or compressor speed reached maximum, 
whichever happened first. 







Pcpri [kPa] 101.0 101.3 102.2 
Pcpro [kPa] 596.0 508.1 686.5 
Ncp [%] 62.6 44.7 100 
Tid,dis [C] 4.8 -0.74 13.9 
Qheating [kW] 2.48 1.93 3.36 
Wshaft [kW] 0.85 0.58 1.39 
Qoh [kW] 1.71 1.39 2.20 
HPF [-] 2.92 3.33 2.42 
ṁref [g/s] 13.1 10.2 17.6 
DPref [kPa] 34.0 33.2 36.0 
 
Table 5.1 shows a comparison of heating performance at -20 ̊C ambient with three outdoor 
heat exchanger configurations: baseline system with the original outdoor heat exchanger, 
modified system with bypass valve fully closed, and modified system with bypass valve 
opening adjusted for complete phase separation in the separator. R1234yf was used for 
performance comparison between the three cases. At ambient temperature of -20 ̊C, the baseline 
system with the original outdoor heat exchanger was able to bring indoor air temperature from 
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-20 ̊C to 4.8 C̊, offering 2.48 kW of heating capacity, and compressor speed was limited at 62.6% 
when suction reached atmospheric pressure. With the bypass valve closed for the modified 
system, some performance degradation was noticed: the compressor speed was further lowered 
to 44.7% before suction reached vacuum, and the system only achieved 1.93 kW of heating 
capacity. Possible reasons of the degradation included added pressure drop through the 
separator and the connecting hoses, damaged and clogged microchannel ports during 
modification of the intermediate header, and worse refrigerant distribution with two phase 
refrigerant entering from the top of the second pass. When the bypass valve was opened and 
regulated to have a positive liquid level in the separator, at the same operating condition, the 
compressor speed was able to reach maximum, while the suction pressure was still slightly 
higher than atmospheric pressure. As a result, the air discharge temperature reached 13.9 ̊C, a 
9.1 ̊C increase from the baseline, and the heating capacity increased to 3.36 kW, a 35% increase 
compared to the baseline. Note that this improvement was made by modifying the baseline heat 
exchanger without any further optimization such as pass circuitry arrangement. 
One key reason for the improvement on heating capacity was much better refrigerant 
distribution in the second pass of the outdoor heat exchanger. Figure 5.7(a) shows the frost 
pattern for the baseline outdoor heat changer, which indicated serious maldistribution of the two 
phase refrigerant among the parallel microchannel tubes in the second pass, and large amount 
of surface area had little heat transfer going through and wasted. Figure 5.7(b) shows the 
infrared image of the outdoor heat exchanger when the intermediate separator was added but 
the bypass valve was closed. Very bad distribution in the second pass was observed. As the two 
phase refrigerant entered from the top of the second pass inlet header, both momentum and 
gravity tended to bring liquid to accumulate at the bottom of the header, while the upper tubes 
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received much less liquid refrigerant and entered low local heat transfer rate superheated zone 
within a short distance. By opening the bypass valve and sending only liquid into the second 
pass, significant refrigerant distribution improvement in the second pass was achieved, as 
shown in Figure 5.7(c). When only liquid was sent into the second pass from the top, only the 
top few tubes showed some signs of superheating toward the end, and the majority of the second 
pass had fairly uniform surface temperature, hence most of that surface area was working 
effectively at large air-to-ref temperature difference and relatively high heat transfer coefficient. 
 
                             (a). Baseline                                    (b). Modified heat exchanger no bypass 
 
 (c). Intermediate vapor bypas 
Figure 5.7. Refrigerant distribution improvement in the second pass 
Another important factor was reduction of pressure drop in the second pass by having less 
refrigerant mass flow rate and lower inlet quality to the second pass of outdoor heat exchanger. 
As analyzed in Chapter 3, due to high sensitivity of saturation temperature to pressure at 
extremely low ambient temperature, a large temperature glide in the outdoor evaporator caused 
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by pressure drop was noticed, and there was a significant loss of air-to-refrigerant heat transfer 
temperature difference when the evaporator outlet pressure was fixed at atmospheric pressure. 
Reduction of pressure drop in the second pass resulted in less temperature glide and larger air-
to-refrigerant temperature difference, creating greater potential to absorb heat from outside air, 
as shown in the modeled pressure-temperature profiles in Figure 5.8. 
 
               (a). Pressure profile                                           (b). Temperature profile 
Figure 5.8. Temperature and pressure profile in the outdoor heat exchanger 
For higher ambient temperature of 10 ̊C, reaching high enough heating capacity was no 
longer an issue, whereas reaching the desired capacity more efficiently became more important. 
Table 5.2 shows the comparison of the experimental results with/without intermediate vapor 
bypass. For the modified system, when the bypass valve was closed, the added separator and 
hoses together with imperfections of the heat exchanger modification resulted in higher 
compressor speed for achieving the same heating capacity, and heating performance factor 
(HPF) dropped by 6.3%. By opening the bypass valve and fully bypassing vapor before the 
second pass inlet, performance of the outdoor heat exchanger still benefited from improved 
refrigerant two phase distribution and lower pressure drop in the second pass, and hence led to 
higher compressor suction pressure. For the same heating capacity, slightly lower compressor 
speed was needed, and a slight 3.7% HPF improvement over the baseline was achieved by using 
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intermediate vapor bypass. With better engineering to minimize the drawbacks from adding the 
extra separator, more improvement can be expected. 
Table 5.2. Baseline and intermediate vapor bypass performance comparison at 10 C̊ 
Configuration Baseline 




Pcpri [kPa] 312.6 287.0 342.8 
Pcpro [kPa] 1822 1828 1839 
Ncp [%] 50 55 46 
Tid,dis [C̊] 50.4 50.6 50.6 
Qheating [kW] 4.05 4.06 4.02 
Wcp,shaft [kW] 1.54 1.62 1.48 
Qoh [kW] 2.89 2.73 2.97 
HPF [-] 2.68 2.51 2.78 
ṁref [g/s] 29.6 29.7 30.3 
DPohr [kPa] 82.1 100.0 59.5 
 
5.5 Reversible Outdoor Heat Exchanger Design and Prototyping 
The proof-of-concept intermediate vapor bypass modified outdoor heat exchanger worked 
very well in enhancing heating performance of the system in cold ambient. Nevertheless, the 
outdoor heat exchanger needs to be able to work as a condenser in cooling mode. With a two 
pass design, allocation of microchannel tubes in the two passes of the outdoor heat exchanger 
was investigated using the model developed in Chapter 3. As shown in Figure 5.9, in cooling 
mode, when the outdoor heat exchanger worked as a condenser with integrated receiver and the 
smaller pass functioned as a subcooler, for high cooling capacity and high COP, more 
microchannel tubes needed to be assigned to the larger pass, while about 20% of the tubes 
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should be assigned to the smaller subcooler pass. In heating mode, in order to obtain higher 
heating capacity at -20 C̊, the system also preferred putting more tubes in the downstream larger 
pass, since the downstream pass was the one that’s benefiting from intermediate vapor bypass. 
However, from both experiment and simulation, by using intermediate vapor bypass at -20 ̊C, 
because of the increased refrigerant mass flow rate, refrigerant temperature glide resulted from 
pressure drop in the first pass was so high that the inlet portion of the smaller pass was already 
approaching air inlet temperature. By further reducing the size of the smaller pass, the 
temperature glide would further enlarge, and the inlet portion of the smaller pass would have 
higher refrigerant temperature than air, hence contributing negatively in collecting heat from 
ambient air. 
  
  (a). Cooling mode condenser                                  (b). Heating mode evaporator 
Figure 5.9. Outdoor heat exchanger pass circuitry improvement 
 
Figure 5.10. Use larger hydraulic diameter tubes for smaller pass 
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A relatively easy approach to regain the heat collecting capability of the smaller pass would 
be enlarging the refrigerant flow cross-section area without increasing the corresponding face 
area. As shown in Figure 5.10, by doubling the microchannel port hydraulic diameter of the 
smaller pass and reduce the number of parallel ports accordingly to keep the same tube depth, 
refrigerant flow cross-sectional area was increased by 92%. With largely reduced pressure drop, 
temperature glide in the smaller pass was significantly reduced, and the smaller pass was able 
to absorb heat from ambient air with an effective air to refrigerant temperature difference. 
Meanwhile, the compressor was able to run at maximum speed to bring air from -20 ̊C to 17 ̊C, 
supplying 3.72 kW of heating capacity, while suction pressure reached 110 kPa, leaving a good 
margin before having to worry about vacuum suction, or more room for a larger compressor to 
push for even higher heating capacity. Using the system model, by overclocking the current 
compressor to 163%, when evaporating temperature was pushed lower and suction pressure just 
reached atmospheric pressure, 4.51 kW of heating capacity can be achieved.  
Beside the outdoor heat exchanger pass arrangement, another key component was a 
reversible separator/receiver with integrated check valve bridge. As shown in Figure 5.11, the 
designed reversible separator/receiver consisted of a pressure bearing housing, a plastic insert, 
a vapor exiting port, and two connections on the side for connecting to the two passes of the 
outdoor heat exchanger. The plastic insert included four flap valves, a cyclone flow channel, a 
vapor tube, and a liquid tube. The flap valves were two identical groups connected to the two 
side ports. Both groups functioned to force the incoming refrigerant to enter the 
separator/receiver reservoir through the cyclone flow channel, and the outgoing flow toward 
the downstream heat exchanger pass to exit through the liquid tube. The cyclone flow channel 
followed a baffle that spiraled down with a radial downward inclination towards the outer rim. 
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Both centrifugal force and gravity tended to keep liquid flowing along the trench formed by the 
baffle and the separator/receiver housing. The vapor tube connected to the top vapor exit, and 
gradually opened underneath the cyclone baffle near the center, so that vapor was able to exit 
through the vapor tube to the top while liquid entrainment in the exiting vapor flow could be 
minimized. The liquid tube extended to the bottom of the separator/receiver reservoir, and 
supplied liquid to the downstream heat exchanger pass through the corresponding exiting rubber 
flap valve. When integrated into a two pass heat exchanger, as shown in Figure 5.12, the 
reversible outdoor heat exchanger with integrated separator/receiver looked just like a widely 
adopted integrated receiver subcooler condenser. 
 
Figure 5.11. Reversible receiver/separator with integrated check valve bridge 
 
Figure 5.12. Reversible outdoor heat exchanger with separator/receiver 
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Table 5.3. Reversible outdoor heat exchanger prototype geometry comparison to baseline 
Parameter Baseline Reversible prototype 
Face area [m2] 0.18 0.19 
Air side surface area [m2] 6.34 6.38 
Refrigerant side surface area [m2] 1.36 1.36 
Microchannel tube hydraulic diameter [mm] 0.53 
0.53 (larger pass) 
1.40 (smaller pass) 
 
 
Figure 5.13. Reversible outdoor heat exchanger prototype 
Following the design concept, a prototype reversible outdoor heat exchanger with integrated 
separator/receiver, as shown in Figure 5.13, was made to validate its functionality. Similar to 
the proof-of-concept separator, a transparent PVC pipe was used for the separator/receiver 
housing. The plastic insert was 3D printed using clear resin. Four flap valves were hand made 
using magnetic rubber sheet, and vinyl glue was used to form hinges for the flaps. The larger 
pass was made from the baseline outdoor heat exchanger by cutting away 10 tubes (~20%) and 
removing the header dividing baffles. For the smaller pass, another heat exchanger with larger 
hydraulic diameter microchannel tubes was used. Due to larger fin height and smaller fin density, 
two slabs each with four tubes were put in parallel to match the face area and total air side heat 
transfer area of the cut-away part of the baseline heat exchanger, and the geometries comparison 
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was shown in Table 5.3. The smaller pass was placed at the bottom instead of the top as shown 
in the proposed design only for easier assembling in the lab with the available resources. 
For the validation experiment, as shown in Figure 5.14, the accumulator was removed since 
the separator/receiver served as a charge storage device, and an IHX was added to prevent 
flooding the compressor suction. Heating mode performance was evaluated at the exact same 
condition as the baseline and proof-of-concept systems at -20 ̊C, while cooling mode operation 
was carried out at 20 ̊C ambient to keep condensing pressure below the burst pressure of the 
transparent separator/receiver. Figure 5.15 shows the infrared images of the outdoor heat 
exchanger in both operating modes. In cooling mode, the prototype outdoor heat exchanger 
worked exactly as an integrated receiver condenser, with the larger pass being the condenser, 
and the smaller pass functioning as a subcooler. A steady liquid level was maintained in the 
intermediate separator/receiver, and the system active charge was automatically determined by 
controlling the suction superheat using an EEV. In heating mode, the separator separated the 
incoming two phase refrigerant very well. Visually, there was no liquid escaping to the top 
vapor exit. Nevertheless, liquid flow to the larger downstream pass wasn’t very stable. Instead, 
the flow was intermittent, accompanied with fluctuations of the liquid level in the 
separator/receiver vessel. From the transparent hose connecting to the downstream larger pass, 
intermittent vapor slugs reversing from the heat exchanger larger pass was observed. This was 
potentially caused by the reverse flow from the flow boiling instability inside the microchannel 
tubes (Li and Hrnjak 2017). Existence of this intermittent vapor flow also led to non-ideal 
refrigerant distribution into the parallel tubes. As shown in Figure 5.15(b), the top few tubes 
received more vapor and became superheated very early, leaving a large portion of those tubes 
working ineffectively with low heat transfer coefficient and almost no temperature difference. 
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However, the periodic flow due to local flow reversal could potentially bring along higher heat 
transfer coefficient (Li and Hrnjak 2017). Overall, the new prototype heat exchanger enabled 
the system to supply 3.49 kW of heating capacity, bring indoor air from -20 C̊ to 15.2 C̊, an 
extra 5% improvement on top of the 35% heating capacity increase from the proof-of-concept 
modification over the baseline 2.48 kW. With the new prototype, when compressor was running 
at 100% at -20 ̊C ambient, the suction pressure was 108.8 kPa, which would allow the use of a 
large compressor to enable even greater heating capacity. 
 
Figure 5.14. IHX added for superheat control 
  
(a). Cooling mode condenser                        (b). Heating mode evaporator 
Figure 5.15. Infrared image shows good operation of the reversible outdoor heat exchanger 
5.6 Conclusions 
The new concept of intermediate vapor bypass was presented for improving low ambient 
temperature heating performance of a mobile heat pump system using low pressure low GWP 
refrigerant. The newly designed reversible outdoor heat exchanger uses intermediate vapor 






phase distribution and lower pressure drop in the downstream pass. In cooling mode, this heat 
exchanger reverses its flow direction, and turns into an integrated receiver subcooler condenser. 
Corresponding system architecture was presented. 
Experiments with R1234yf were carried out with a proof-of-concept modified system in 
heating mode by adding intermediate vapor bypass to the outdoor heat exchanger while keeping 
the rest of the system unchanged. At -20 ̊C ambient, the proof-of-concept system showed 35% 
increase of heating capacity from 2.48 kW of the baseline to 3.36 kW, bringing air discharge 
temperature from 4.8 ̊C to 13.9 ̊C. By sending only liquid to the second larger pass, much more 
uniform refrigerant distribution was observed, and less refrigerant temperature glide was 
derived from a model thanks to largely reduced pressure drop in the downstream pass. Both 
factors helped to allow higher compressor speed before reaching atmospheric pressure at 
suction. For higher ambient temperature at 10 ̊C, a slight 3.7% improvement of HPF for the 
same heating capacity over the baseline was achieved with intermediate vapor bypass. 
A reversible separator/receiver prototype was made with an integrated check valve bridge, 
and incorporated into a reversible outdoor heat exchanger prototype. The prototype was tested 
in both cooling mode and heating mode. It worked exactly as an integrated receiver subcooler 
condenser in cooling mode. In heating mode, fluctuation of liquid level in the separator was 
observed. Otherwise, the prototype worked very well in realizing the benefits of intermediate 
vapor bypass.  
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CHAPTER 6: REFRIGERANT CIRCUITRY DESIGN OF A REVERSIBLE 
MICROCHANNEL CONDENSER/EVAPORATOR FOR MOBILE HEAT PUMP 
6.1 Introduction 
Mobile heat pump systems work in multiple operating modes, most importantly, cabin 
cooling and cabin heating. While conditioning the cabin interior environment, the heat pump 
system exchanges heat with the surrounding ambient through an outdoor heat exchanger. For 
direct expansion systems, the outdoor heat exchanger works as a condenser in cooling mode, 
and as an evaporator in heating mode. Switching of its roles makes it challenging in achieving 
the best performance in both modes. This chapter looks into the trade-off between heat transfer 
and pressure drop in determining the geometries of a reversible condenser/evaporator. 
Microchannel heat exchangers are widely used in automotive industry, and is getting 
increasingly popular in other applications as well. Modern microchannel heat exchangers use a 
large amount of parallel microchannels that have hydraulic diameters around 1 mm as the flow 
passage for refrigerant. The heat transfer area to volume ratio can be largely increased by 
reducing the diameter of the channels. The size of the microchannels affects both heat transfer 
and pressure drop. By reducing the channel diameter and hence increasing refrigerant mass flux, 
both heat transfer coefficient and pressure drop increase. For two phase flow in evaporators and 
condensers, pressure drop leads to temperature change of the fluid, reduces the temperature 
difference between refrigerant and air, and hence reduces heat transfer capacity. Determination 
of the microchannel size is a trade-off between heat transfer coefficient and the temperature 
glide due to pressure drop. For a reversible condenser/evaporator, the optimum diameter needed 
for working as an evaporator is larger than that of a condenser, both in single pass and double 
pass configurations. Significant capacity compromise needs to be made when determining the 
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microchannel diameter for the reversible condenser/evaporator. By removing the subcooled 
zone from the condenser and by sending saturated liquid into the evaporator, the difference 
between the optimal diameters for condensation and evaporation was reduced. By putting part 
of the heat exchanger as a designated subcooler in condenser mode, and enlarge its 
microchannel diameter to maximize the evaporating performance, a two pass reversible heat 
exchanger with integrated receiver/separator was evaluated using the model, and showed better 
capacity balance compared to the basic single pass and two pass configurations. 
6.2 Heat Transfer and Pressure Drop in Microchannel Heat Exchangers 
Heat transfer and pressure drop characteristics inside microchannels have been extensively 
studied in the literature. Here, the correlation from Kandlikar, et al. (2014) was used for heat 
transfer coefficient during evaporation. For vapor quality higher than 0.7, linear interpolation 
toward single phase heat transfer coefficient was used to take into account of partial dryout. 
Pressure drop during evaporation was calculated using Friedel (1979) correlation. For single 
phase flow, heat transfer coefficient was calculated using Gnielinski (1976) correlation, and 
pressure drop using Churchill (1977) correlation. For condensation, both heat transfer 
coefficient and pressure drop were calculated using Cavallini, et al. (2009) correlation.  
Using the correlations, the heat transfer and pressure drop characteristics of a microchannel 
heat exchanger were evaluated. The geometric parameters of the heat exchanger are shown in 
Table 6.1. Figure 6.1 shows the heat transfer coefficient and pressure gradient of R1234yf 
during evaporation at -10 ̊C and condensation at 50 ̊C. As the figure shows, by increasing 
refrigerant mass flux, higher refrigerant side heat transfer coefficient across the entire vapor 
quality range could be obtained for both evaporation and condensation. However, frictional 
pressure gradient would also increase at higher mass flux. While heat transfer coefficients at 
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the same mass flux were in the same scale between evaporation and condensation, the pressure 
gradient duing evaporation was much higher than that during condensation, mostly due to much 
lower phase change temperature and hence lower saturated vapor density and higher superficial 
velocity. The pressure gradient impacted heat transfer effectiveness through change of 
refrigerant temperature and reduction of temperature difference between refrigerant and air. 
Figure 6.2 shows that the sensitivity of R1234yf saturation temperature to pressure was 
significantly higher at lower working temperature. As a result, there will be much larger 
temperature glide in an evaporator than in a condenser. 
 
(a). Evaporation at -10 ̊C                               (b). Condensation at 50 C̊ 
Figure 6.1. R1234yf heat transfer coefficient and pressure gradient 
 
Figure 6.2. Saturation temperature sensitivity to pressure 
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 Table 6.1. Outdoor heat exchanger geometries 
Parameter Dimension Unit 
Length 587 mm 
Width 311 mm 
Depth 22.4 mm 
Number of microchannel tubes 48 (19 + 29) - 
Number of ports per tube 29 - 
Tube thickness 1.02 mm 
Microchannel diameter 0.53 mm 
Fin height 5.38 mm 
Fin pitch 1.34 mm 
Louver length 4.68 mm 
Louver pitch 0.97 mm 
Total air side area 6.34 m2 
Total refrigerant side area 1.36 m2 
Face area 0.18 m2 
6.3 Effect of Microchannel Hydraulic Diameter on Single Pass Design  
For a typical condenser, refrigerant enters in superheated vapor, condenses into liquid, and 
exits with several degrees of subcooling. While for an evaporator, refrigerant enters in two 
phase with vapor quality around 20~30%, and exit in saturated vapor state. The different 
sensitivity of pressure drop and temperature glide to mass flux results in different microchannel 
geometry preference. Using the model developed in Chapter 3, and the heat exchanger 
geometries in Table 6.1, the microchannel size effect on the heat exchanger capacity as a 
condenser and as an evaporator was investigated using R1234yf. Without changing the air side 
geometries and the overall dimensions, the microchannel tube thickness and port pitch were 
varied proportionally with the port diameter in order to satisfy the same burst pressure rating, 
as shown in Figure 6.3. The number of ports in each tube was inversely proportional to the port 
pitch, as shown in Eq.(6-1). The refrigerant side heat transfer area for each microchannel tube, 
as calculated using Eq.(6-2), was independent to the port diameter. However, the tube thickness 
change affected the total number of tube-fin combinations that could be packed inside the heat 
exchanger width, and hence affected the air side and refrigerant side heat transfer area at the 
same time. This effect was accounted for with a geometric penalty factor shown in Figure 6.4.  
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(a). 29 × Φ0.53 mm                               (b). 15 × Φ1.02 mm 
Figure 6.3. Microchannel port diameter change 
 
Figure 6.4. Geometric penalty factor due to tube thickness change 
/port tube portN D P  (6-1) 
/ref port port tube port portA N d L D L d P     (6-2) 
2 2/ 4 / 4ref port port tube port port portAc N d D d P d      (6-3) 
 
The capacity of the condenser was evaluated by fixing the air inlet temperature and face 
velocity, as well as the refrigerant inlet temperature and pressure, and refrigerant mass flow rate 
was iteratively solved to reach a fixed refrigerant outlet temperature. Figure 6.5 shows the 
simulation results of the condenser performance with different microchannel diameters and 
40 C̊ air flowing at 4 m/s face velocity. The refrigerant inlet saturation temperature was fixed 
at 50 ̊C, and had 35 ̊C superheat, and refrigerant outlet temperature was fixed at 45 ̊C, simulating 
50% of the maximum possible subcooling at the condenser outlet. As shown in Figure 6.5(a), 
with microchannel diameter of 1.02 mm and 15 channels in each tube, there was almost no 
119 
 
pressure drop, and refrigerant condensed at 50 ̊C in the two phase zone. As microchannel 
diameter was reduced and number of ports increased, heat transfer coefficient across the entire 
heat exchanger was largely increased. However, due to the increased pressure drop, the 
refrigerant temperature in the two phase zone was lower than the refrigerant inlet saturation 
temperature, and the temperature difference between refrigerant and air became smaller. As 
shown in Figure 6.5(b), for microchannel diameter larger than 0.5 mm, temperature glide was 
almost non-existent. When channel diameter was getting smaller, refrigerant cross-sectional 
area was reduced, as shown in Eq.(6-3). The higher refrigerant mass flux resulted in higher 
average refrigerant side heat transfer coefficient, and hence higher condensing capacity. For 
channel diameter smaller than 0.5 mm, temperature glide due to pressure drop became more 
prominent, and eventually caused the condensing capacity to drop. The effects of load and air 
temperature were also simulated, as shown in Figure 6.6. The difference between refrigerant 
inlet saturation temperature and air inlet temperature was used as an indication of the heat 
transfer load. For the condenser, the optimum channel diameter at different load conditions 
changed little, while at higher air temperature, slightly smaller channel diameter was preferred. 
 
(a). Heat transfer coefficient and temperature glide         (b). htc and temperature glide trade-off 




              (a). At different load, Tair=40 ̊C                  (b). At different air temperature, ΔT=10 ̊C 
Figure 6.6. Single pass condenser performance with different microchannel diameter 
For a single pass evaporator using the same geometry, refrigerant inlet enthalpy was fixed 
to be equal to the liquid enthalpy of 60 ̊C saturation temperature, and 20 C̊ subcooling. The load 
was specified by the difference between air inlet temperature and refrigerant outlet saturation 
temperature. Refrigerant inlet pressure and mass flow rate were iteratively solved to reach the 
specified outlet pressure in saturated vapor state. Figure 6.7 shows the evaporator performance 
using different microchannel diameters with 0 ̊C air flowing at face velocity of 4 m/s, and the 
refrigerant outlet saturation temperature was set to -10 ̊C. Similar to the condenser, with larger 
channel diameter, there was very small temperature glide, while average refrigerant heat 
transfer coefficient was also very low. By reducing the channel diameter, evaporating capacity 
first increased with increasing heat transfer coefficient thanks to the higher mass flux. When 
the channel diameter got too small, the temperature glide rapidly increased, and eventually 
caused the evaporating capacity to drop. Compared to the single pass condenser, the temperature 
glide started getting prominent at a larger diameter value, hence resulting in a larger optimal 
diameter. As shown in Figure 6.8, for higher load at 0 ̊C air inlet, as evaporating pressure was 
getting lower, both pressure drop and the resulting temperature glide were more sensitive to the 
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channel diameter, and the evaporator favored slightly larger channel diameter. When the load 
was fixed at 10 C̊ temperature difference, working at lower air inlet temperature resulted in 
lower evaporating pressure, and the higher sensitivity of temperature glide to diameter also 
resulted in preference for larger channel diameter. When air temperature was varied from 20 ̊C 
to -20 ̊C, the optimum channel diameter increased from 0.5 mm to 1 mm, and significant 
compromise needed to be made in some of the conditions when the size was optimized for one 
operating condition. 
 
(a). Heat transfer coefficient and temperature glide         (b). htc and temperature glide trade-off 
Figure 6.7. Heat transfer coefficient and pressure drop trade-off of single pass evaporator 
 
              (a). At different load, Tair=0 ̊C                  (b). At different air temperature, ΔT=10 ̊C 
Figure 6.8. Single pass evaporator performance with different microchannel diameters 
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For the outdoor heat exchanger of a heat pump system, which works as a condenser in 
cooling mode, and as an evaporator in heating mode, much smaller channel diameter was 
favored for optimum condenser performance compared to that favored by an evaporator. When 
the microchannel was sized in favor of extremely low ambient temperature heat pumping, 1 
mm channel diameter was needed, and up to 25% deviation from the optimum capacity was 
noticed for heating mode evaporating performance at higher ambient temperature conditions, 
while the condensing capacity in cooling mode would see up to 45% loss compared to the 
optimum size. When the geometry was optimized for condensing performance, the optimum 
channel diameter was around 0.20~0.25 mm. When working in heating mode as an evaporator, 
the heat transfer capacity would suffer from more than 50% loss, especially at extremely cold 
ambient conditions.  
6.4 Two Pass Condenser and Evaporator Circuitry Optimization  
Significant compromise had to be made when sizing the microchannel diameter for a single 
pass heat exchanger to work both as a condenser and as an evaporator, and the same challenge 
remained when dividing the tubes into two flow passes. By keeping the overall dimensions as 
well as the air side geometries of the heat exchanger the same, different amounts of 
microchannel tubes were assigned to the two passes, and microchannel port diameters were 
varied for each circuitry. The effect of microchannel tube thickness change due to port diameter 
variation was taken into account through the penalty factor in Figure 6.4. 
Figure 6.9 shows the condensing capacity at 40 C̊ and evaporating capacity at 0 ̊C. Both 
capacities were normalized by the maximum capacities of the single pass counterparts 
optimized with microchannel diameters at the same conditions. With the two pass configuration, 
maximum condensing capacity was achieved when using microchannel diameter about 0.3 mm, 
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and 80~85% of the tubes placed in the first pass. Maximum evaporating capacity was obtained 
using microchannel diameter about 0.9 mm, and as few tubes in the first pass as possible was 
preferred to achieve higher capacity for all the diameters. The best two pass condensing capacity 
was slightly lower than that of the best single pass condenser, and the best two pass evaporating 
capacity was about 13% lower than that of the best single pass evaporator. Compared to the 
single pass configuration at the same operating conditions, the desired diameter of the condenser 
increased from 0.2 mm to 0.3 mm, while that for the evaporator increased from 0.7 mm to 
0.9 mm. There would still be significant compromise in performance when determining the 
microchannel diameter. For the pass circuitry, the condenser preferred putting more tubes in the 
upstream pass, while the evaporator favored putting as much tubes in the downstream pass as 
possible. As a result, for a two pass condenser/evaporator of a typical heat pump system, the 
flow direction should be reversed when switching the operating modes. 
  
  (a). Condenser, Tair=40 ̊C, ΔT=10 ̊C                   (b). Evaporator, Tair=0 ̊C, ΔT=10 C̊ 
Figure 6.9. Two pass condenser/evaporator performance with different geometry 
6.5 Effect of Operating Quality Range on Microchannel Diameter Preference  
Condenser outlet subcooling is beneficial from a system energy efficiency point of view 
(Pottker and Hrnjak 2012). However, for a single pass condenser, the heat transfer coefficient 
of subcooled liquid close to the exit was relatively low, and pressure drop of the subcooled 
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liquid won’t have any drawback as long as the liquid remained in subcooled state. To optimize 
the heat transfer of the subcooled region, a much smaller flow cross-sectional area than the 
actual condenser could be used. Meanwhile, existence of the subcooled region reduced the 
length of the desuperheating and condensing two phase zone. Since the drawback on heat 
transfer from pressure drop related temperature glide was a cumulative effect dependent on the 
heat exchanger length, the condenser became less sensitive to pressure drop and favored smaller 
microchannel diameter. By removing the subcooled zone into a designated subcooler, the 
optimum channel diameter would increase and become closer to the optimum size needed for 
an evaporator. Figure 6.10 shows the simulation results of the condenser with saturated liquid 
state at its outlet in dashed lines. For different loads at 40 ̊C and the same load at different air 
temperatures, the optimum diameter increased about 0.05 mm, and the heat transfer capacity 
slightly increased from the 50% of maximum possible subcooling cases. 
 
              (a). At different load, Tair=40 ̊C                  (b). At different air temperature, ΔT=10 ̊C 
Figure 6.10. Condenser with saturated liquid at the outlet 
Typical evaporators work in vapor quality range from 20~30% to 100%, where both heat 
transfer coefficient and pressure gradient are relatively high. For vapor quality range from 0% 
to 20~30%, as shown in Figure 6.1, heat transfer starts at nucleate boiling and then gets to 
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convective boiling. During this quality range, relatively high heat transfer coefficient can be 
obtained with relatively small pressure gradient. By extending the evaporator operating vapor 
quality span to this low quality region, the evaporating capacity would become less sensitive to 
pressure drop, and hence favor smaller microchannel diameter. By setting the evaporator inlet 
to saturated liquid state, the evaporator performance at different load and air temperature 
conditions were shown in Figure 6.11 in dashed lines. Compared to the normal evaporator in 
solid lines, the optimum microchannel diameters were decreased by 0.2~0.3 mm. Moreover, the 
maximum evaporating capacities of the heat exchanger were increased for all conditions. This 
increase was more prominent at lower ambient temperature, and reached 22% at -20 ̊C. 
 
              (a). At different load, Tair=0 ̊C                  (b). At different air temperature, ΔT=10 ̊C 
Figure 6.11. Evaporator with saturated liquid at the inlet 
By moving the condenser outlet from subcooled state to saturated liquid state, and moving 
the evaporator inlet from 20~30% vapor quality to saturated liquid state, the optimum 
microchannel diameter of a condenser and that of an evaporator with the same overall 
dimensions moved closer. As shown in Figure 6.12, for the normal condenser/evaporator, the 
minimum heat transfer capacity compromise across all operating air temperature range from -
20 C̊ to 50 C̊ had to be made was about 23% at 0.55 mm diameter. With the modified operating 
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quality range, both the condensing and evaporating capacities were higher than the normal 
condenser and evaporator. With microchannel diameter of 0.4 mm, both condensing and 
evaporating capacities were kept above 95% of the best performing single pass configuration 
for corresponding temperatures from -20 ̊C to 50 ̊C. 
 
   (a). Normal condenser/evaporator                  (b). Modified quality range condenser/evaporator 
Figure 6.12. Effect of modified quality range on condenser-evaporator performance trade-off 
6.6 Reversible Condenser/Evaporator with Integrated Receiver/Separator  
The modified vapor quality range can be realized by the single pass reversible heat exchanger 
in Figure 6.13. In cooling mode, the heat exchanger worked as a condenser with a receiver at 
its outlet. In heating mode, flow direction was reversed, and a flash gas bypass separator 
separates liquid and vapor before sending only the liquid phase into the heat exchanger. 
However, in cooling mode, the condenser won’t be able to generate subcooling at its outlet 
when the system was reasonably charged, and system COP would be lower than that of the 
same heat exchanger with some subcooling at the outlet. By adding a designated subcooler pass, 
and three extra check valves to ensure reversible operation, as shown in Figure 6.14, the larger 
pass still worked as a modified operating vapor quality range reversible condenser/evaporator, 
so that smaller compromise could be made in balancing the condensing and evaporating 
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performance of this pass. The smaller pass in condenser mode served as a subcooler to generate 
subcooling and hence improve system COP. In evaporator mode, this pass was in the upstream, 
and had higher pressure and temperature than the downstream larger pass, hence would be less 
effective compared to the downstream pass. Similar to a normal two pass evaporator, the size 
of the smaller pass should be minimized to be just large enough for generating enough 
subcooling in condenser mode. 
 
(a). Condenser with outlet receiver                      (b). Evaporator with flash gas bypass 
Figure 6.13. Single pass reversible condenser/evaporator 
 
(a). Condenser with receiver and subcooler         (b). Evaporator with intermediate vapor bypass 
Figure 6.14. Two pass reversible condenser/evaporator with integrated receiver/separator  
 
(a). Tair=40 ̊C, ΔT=20 ̊C                                        (b). Tair=0 C̊, ΔT=10 ̊C 
Figure 6.15. Smaller pass sizing with larger pass using 34×Φ0.45 mm microchannel tube 
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Figure 6.15 shows the effects of the smaller pass size and the microchannel tube diameter of 
this pass in condenser outlet subcooling at a relatively high load condition and the evaporating 
capacity at 0 C̊. The microchannel in the larger pass was fixed at 34 ports of 0.45 mm diameter 
to give a balanced compromise between the high ambient temperature condenser with no outlet 
subcooling and low ambient temperature FGB evaporator. For the simulated condensing 
condition, a larger subcooler pass with smaller microchannel diameter generated more 
subcooling. While for the evaporator, similar to a two pass evaporator without intermediate 
vapor bypass, as much microchannel tubes as possible should be put in the downstream larger 
pass, and the favored microchannel diameter varied from 1.2 mm to 1.75 mm depending on the 
size of the smaller pass. 
Condenser outlet subcooling affects system COP through increase of refrigeration effect and 
increase of specific compression work. Determination of the system COP maximizing 
subcooling depends on the refrigerant that’s used, the heat exchanger performance, the 
compressor efficiency, and the operating condition. Assuming the optimal subcooling 
percentage to be a constant for one rating condition, the size of the smaller pass and the 
microchannel diameter can be determined by following the constant subcooling percentage line 
in the evaporating capacity contour for the maximum evaporating capacity. For the case show 
in Figure 6.15, assuming 50% subcooling was desired for the condenser rating condition, 
maximum evaporating capacity at 0 C̊ with 10 ̊C air-to-refrigerant temperature difference was 
4.43 kW when 17% of the tubes were placed in the smaller pass, using 1.54 mm diameter tubes. 
Using the smaller pass size-microchannel diameter pairs for constant 50% subcooling in 
Figure 6.15(a), condensing and evaporating capacities at different ambient temperatures were 
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calculated. Figure 6.16(a) shows the capacities normalized by the best performing normal single 
pass configuration. When using 1.2 mm diameter microchannel for the smaller pass, all 
evaporating and condensing capacities remained at least 80% of that of the best single pass 
counterpart. When the smaller pass was sized in favor of extremely low ambient temperature 
heating, by putting 1.5 mm diameter tubes in the 17% smaller pass, evaporating capacity 
at -20 ̊C reached 87% of the best single pass evaporator capacity, and the condensing capacity 
at 50 ̊C was 79% of the best single pass condenser. In comparison, for the normal single pass 
configuration, maintaining 87% of -20 ̊C evaporating capacity would cause 50 ̊C condensing 
capacity to drop to 70% of its maximum. Figure 6.16(b) shows a design favoring more toward 
low ambient temperature heating, and microchannel tube with 25 ports of 0.61 mm diameter 
was used in the larger pass. By putting 1.5 mm diameter tubes in the smaller pass, which 
consisted of 17% of the entire heat exchanger, the same evaporating capacity as the best normal 
single pass evaporator was reached, while highest condensing capacity degradation was 30%. 
In comparison, for a normal single pass heat exchanger to reach its full evaporator potential at 
-20 ̊C, its condensing capacity at 50 ̊C would drop almost 50%. 
 
      (a). Larger pass 34×Φ0.45 mm                               (b). Larger pass 25×Φ0.61 mm 




Heat transfer coefficient and pressure gradient increase with refrigerant mass flux during 
both evaporation and condensation. Pressure drop affects the heat exchanger heat transfer 
capacity through change of refrigerant saturation temperature, and the temperature difference 
between refrigerant and air. For the same mass flux and vapor quality, due to much lower 
operating pressure and vapor density, pressure drop and the resulting temperature glide in 
typical evaporators are much larger than that in condensers. Because of the higher sensitivity to 
pressure drop, working as an evaporator favored a much larger channel diameter than that of 
the same heat exchanger working as a condenser. 
Size of microchannel diameter, as well as pass circuitry of the outdoor heat exchanger of a 
mobile heat pump system was investigated using a heat exchanger model. For single pass design, 
the condenser optimal diameter was only 0.2 mm, and varied little when changing operating 
condition. The evaporator optimal diameter was 0.5~1.0 mm, and was strongly dependent on 
the working air temperature. In general, the lower the operating pressure, the larger the optimal 
microchannel diameter. For a two pass configuration, the optimal microchannel diameter of the 
condenser increased to about 0.3 mm, and that for the evaporator at 0 C̊ air temperature 
increased from 0.75 mm to 0.9 mm. While the two pass condenser favored 15~20% of the 
microchannel tubes in the downstream pass, the evaporator preferred putting as much tubes as 
possible to the downstream pass. For a two pass design, reversing the flow direction when 
switching operating modes was desired. The highest two pass condenser capacity was slightly 
lower than that of the best single pass design, while the highest two pass evaporator capacity 
was about 13% lower than the best single pass evaporator. 
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By moving the condenser outlet from subcooled liquid state to saturated liquid state, and 
moving the evaporator inlet from 20~30% vapor quality to saturated liquid state, the single pass 
condenser optimal channel diameter slightly increased to 0.25 mm, and that of the evaporator 
reduced about 0.2~0.3 mm. Moreover, the heat transfer capacity increased slightly for the 
condenser, and increased up to 22% for the evaporator. Much better balanced 
condensing/evaporating performance could be achieved by using a reversible separator/receiver. 
However, using a receiver with a single pass heat exchanger would result in loss of condenser 
outlet subcooling, and was not desired for optimal system COP in cooling mode. By putting 
part of the heat exchanger into a designated subcooler, and enlarging the microchannel diameter 
for this smaller pass to maximize its heat collecting capacity when it’s working as an evaporator, 
comparable evaporating capacity can be achieved compared to the best single pass evaporator 




CHAPTER 7: CONCLUSIONS AND OUTLOOK FOR FUTURE EV HEAT PUMPS 
7.1 Conclusions from This Research 
Performance of a mobile heat pump system using the state-of-the-art system architecture 
with heat exchangers from the first commercially available production EV heat pump system 
was studied. Using current low pressure refrigerants R134a and R1234yf, heating capacity of 
the system significantly dropped when ambient temperature was getting low. At -20 ̊C, the 
baseline system was only able to achieve 1.94 kW of heating capacity using R134a, and 
2.48 kW using R1234yf. The major reason for the capacity shortage was low suction pressure, 
which lead to low suction density and low refrigerant mass flow rate. Moreover, in order to 
prevent vacuum suction, compressor speed needed to be lowered when heating capacity was 
most needed. The low operating pressure also led to high sensitivity of refrigerant saturation 
temperature to pressure, hence creating large temperature glide due to pressure drop, and 
significant loss of air-to-refrigerant temperature difference. Two phase maldistribution was also 
making the outdoor heat exchanger noticeably underperforming, which could significantly 
reduce heating capacity when compressor speed was limited by suction pressure. 
A system model was developed and validated against data. The heat exchanger component 
level models worked best for condensers, and slightly larger deviation was noticed for the 
indoor evaporator in cooling mode. While for the outdoor heat exchanger capacity in heating 
mode, the model over-predicted the heat transfer capacity by 17% in average. By including 
refrigerant maldistribution in the larger pass of the outdoor heat exchanger with a 
maldistribution model using a frost pattern image as the liquid refrigerant mass flow rate 
distribution profile input, the outdoor heat exchanger heat transfer capacity in heating mode was 
brought into good agreement with the data. A system model was built by connecting all the 
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components in a cycle, and iterated in a layered structure for improved iteration efficiency. The 
system model that took maldistribution into account was validated against prior measurements. 
By analyzing with the system model, heating capacity could be improved by 10% in average 
if refrigerant distribution in the second pass was assumed uniform. At -20 ̊C, where compressor 
speed was limited in order to maintain suction pressure slightly above atmospheric pressure, 
uniform refrigerant distribution could allow higher compressor speed, and heating capacity was 
predicted to improve from 2.53 kW to 3.02 kW, a 19% increase. Beside refrigerant 
maldistribution, refrigerant pressure drop and the resulting temperature glide was identified as 
a key factor that’s limiting the system heating capability, especially at extremely low ambient 
temperature. To maximizing heating capacity at extremely low ambient temperature using 
current low pressure refrigerant, pressure drop in the outdoor heat exchanger needs to be 
minimized, and better refrigerant distribution is desired. 
Charge determination tests for cooling mode and heating mode showed different refrigerant 
charge requirement, and the charge imbalance was stored inside the suction accumulator. A 
mass conservation analysis showed that storing large amount of liquid refrigerant inside the 
accumulator, where vapor quality should be close to one, and large quantities of oil could be 
trapped inside the accumulator, otherwise, the system would be likely to suffer from low OCR 
or low suction quality. Storing the excess refrigerant charge in a lower vapor quality component, 
such as a receiver, or two phase separator before an evaporator would be a better option. 
Refrigerant charge retention inside components were measured using quick close valve method. 
The liquid line size difference accounted for half of the total 300 g of refrigerant charge 
imbalance when switching modes, while the three heat exchangers generated the other half. The 
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liquid line internal volume difference can be manipulated to reduce or even cancel the charge 
imbalance from the heat exchangers. Without considering the liquid line size difference, the 
charge imbalance from heat exchangers mainly came from the condenser size difference, or the 
outdoor heat exchanger switching from a condenser to an evaporator. Relying on empirical void 
fraction correlations, the condenser low quality regions holds the most refrigerant mass, and 
more mass was held in headers rather than microchannel tubes. Using the charge retention 
model, the reversible outdoor heat exchanger with intermediate vapor bypass in heating mode 
and integrated receiver in cooling mode worked much better in balancing refrigerant charge for 
the outdoor heat exchanger. 
A reversible outdoor heat exchanger with integrated separator/receiver was proposed and 
studied. The newly designed reversible outdoor heat exchanger uses intermediate vapor bypass 
in heating mode when working as an evaporator and benefits from better refrigerant two phase 
distribution and low pressure drop in the downstream pass. In cooling mode, this heat exchanger 
reverses its flow direction, and turns into an integrated receiver subcooler condenser. 
Corresponding system architecture was presented. 
Experiments with R1234yf were carried out with a proof-of-concept modified system in 
heating mode by adding intermediate vapor bypass to the outdoor heat exchanger while keeping 
the rest of the system unchanged. At -20 ̊C ambient, the proof-of-concept system showed 35% 
increase of heating capacity from 2.48 kW of the baseline to 3.36 kW, bringing air discharge 
temperature from 4.8 ̊C to 13.9 ̊C. By sending only liquid to the second larger pass, much more 
uniform refrigerant distribution was observed, and less refrigerant temperature glide was 
derived from a model thanks to largely reduced pressure drop in the downstream pass. Both 
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factors helped to allow higher compressor speed before reaching atmospheric pressure at 
suction. For higher ambient temperature at 10 ̊C, a slight 3.7% improvement of HPF for the 
same heating capacity over the baseline was achieved with intermediate vapor bypass. 
A reversible separator/receiver prototype was made with an integrated check valve bridge, 
and incorporated into a reversible outdoor heat exchanger prototype. The prototype was tested 
in both cooling mode and heating mode. It worked exactly as an integrated receiver subcooler 
condenser in cooling mode. In heating mode, fluctuation of liquid level in the separator was 
observed. Otherwise, the prototype worked very well, and further improved heating capacity at 
-20 ̊C by an extra 5% from the proof-of-concept modification, although the heat exchanger 
dimensions were not exactly the same after the further modification. 
The design trade-off of the outdoor heat exchanger that worked as a condenser in cooling 
mode and as an evaporator in heating mode was discussed. Working as a condenser favored 
smaller channel diameter to increase higher heat transfer coefficient, while working as an 
evaporator favored larger channel diameter to decrease pressure drop and reduce temperature 
glide in the two phase zone. Significant performance compromise was needed when sizing the 
microchannels for working in two modes. By removing subcooled zone from the condenser and 
moving the evaporator inlet to single phase liquid state, difference between the evaporating 
capacity maximizing diameter and condensing capacity maximizing diameter became smaller, 
and less compromise in performance was needed. When a designated subcooler was added for 
condenser mode, the subcooler channel diameter needed to be larger than the rest of the heat 
exchanger to ensure good performance in evaporator mode. 
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7.2 Future Research Extensions on EV Heat Pump Systems 
The current research was focused on pushing the heating capacity limit of current mobile 
heat pump system using low pressure refrigerant at extremely low ambient temperature. Other 
than the studied reversible outdoor heat exchanger design, vapor injection economizing cycle 
can potentially improve heating capacity at low ambient temperature.  
With EV market increasingly favoring longer range models, more and more EV models are 
switching to larger battery packs. Fast charging for these large batteries brings the need for rapid 
battery cooling and heating, which may even require larger conditioning capacity than 
passenger thermal comfort. During driving, both the battery and powertrain generates some 
waste heat, which either needs to be dissipated to ambient, or can be collected for cabin heating. 
The heat source and thermal conditioning needs are getting quite complicated. Although 
challenging, this creates opportunity for integrated thermal management involving all these 
sources and end users together with cabin thermal comfort control. 
When trying to collect heat from ambient air through the outdoor heat exchanger, frosting 
can easily happen and quickly degrade the outdoor heat exchanger performance in humid cold 
weather. Heat exchanger orientation, fin material and shape design, defrosting strategy, defrost 
water drainage can be investigated. Interactions between frosting heat transfer degradation, the 
resulting air flow channel blockage, and refrigerant two phase maldistribution will be interesting. 
Overall, heat pump for EV helps not only on saving energy for transportation, but also on 
improving drive range on a single charge. The current EV market is highly sensitive to drive 
range. However, current national testing standards are not taking drive range in cold weather 
into consideration, whereas customers can suddenly discover and get concerned upon 
137 
 
significant loss of drive range in winter. Public awareness of the nature of EV drive range at 
different ambient temperature, as well as regulatory approach to appreciate technological effort 
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